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SUMMARY 


This  report  presents  the  effort  by  The  Boeing  Company,  Verto)  Division  on  the  bench  testing 
and  analytical  description  of  a  full-size  supercritical-speed  shaft  designed  for  installation  in  the 
CH-47  helicopter. 

The  program  objective  was  to  demonstrate  a  supercritical  system  for  installation  in  the  aircraft. 
The  phases  of  the  program  were: 

•  Detail  design  the  shaft  system  and  aircraft  support  structure. 

•  Develop  an  aircraft-type  damper. 

•  Bench  test  the  complete  system. 

•  Check  shaft  performance  in  the  aircraft  under  ground  and  flight  conditions. 

The  noncoplanar  nature  of  shaft  deflections,  observed  during  the  bench  test  phase  of  the 
program,  complicated  the  dynamic  balancing  of  the  shaft.  The  flight  test  portion  was  then 
re-directed  to: 

•  Provide  an  analytical  description  of  supercritical  phenomena  as  an  aid  for  future 
drive  system  design. 

The  full-size  supercritical  shaft  was  built  utilizing  design  information  developed  under  this  and 
previous  programs.  A  shaft  damper  was  developed  to  meet  the  requirements  of  the  system  as 
installed  in  an  aircraft,  and  the  splined  adapter  fittings  were  redesigned.  The  bench  test 
program  included  tests  of  the  damper,  torsional  fatigue  testing  of  the  redesigned  adapter 
fittings,  and  dynamic  tests  of  the  full-size  supercritical  shaft. 

The  dampers  successfully  controlled  the  deflections  of  the  shaft  when  the  design  criteria  were 
not  exceeded.  The  tests  indicated  the  damper  could  be  improved  by  increasing  the  stiffness  of 
the  elastomer. 

Previous  balance  methods  proved  to  be  unsatisfactory  for  a  shaft  of  this  size.  A  new  technique 
had  to  be  developed  to  successfully  balance  the  shaft  throughout  the  desired  speed  range 
because  of  the  noncoplanar  nature  of  the  shall  deflection  at  higher  speeds. 

The  variable-schedule  endurance  runs  were  not  completed.  The  difficulty  encountered  in 
balancing  the  system  resulted  in  the  accumulation  of  an  equivalent  time  of  50  hours  under 
loading  conditions  more  severe  (unbalanced)  than  those  originally  intended  for  the  tests.  No 
difficulty  is  anticipated  for  endurance  tests  with  a  balanced  shaft. 

The  ground  and  flight  test  portion  of  the  program  has  been  replaced  by  an  analytical 
description  of  the  phenomena  of  multiple-mode  bending  identified  during  the  bench  test 
program.  This  analytical  description  includes  variables  anticipated  in  future  supercritical  shaft 
system  designs. 
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Supercritical-speed-shaft  performance  has  been  demonstrated  with  adequate  substantiating 
data,  so  that  the  future  of  this  drive  system  can  be  predicted  with  confidence.  The  relative 
weight,  reliability,  safety,  and  economics  of  the  system  can  be  compared  with  more 
conventional  drives  since  the  unknowns  have  been  identified. 
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This  report  discusses  the  design,  fabrication,  bench  testing,  and  analytical  description  of  a 
full-sized  supercritical-speed  shaft  and  associated  components  for  a  night  test  evaluation 
in  a  helicopter. 
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INTRODUCTION 


This  report  summarizes  the  design,  bench  test,  and  analytical  effort  on  a  program  by  the 
Vertol  Division  of  Boeing  to  develop  and  flight  test  a  supercritical-speed  interconnect  shaft  for 
the  CH47  helicopter.  This  program  was  undertaken  to  establish  the  design  criteria  necessary 
for  the  installation  of  a  supercritical-speed  drive  system  in  a  CH-47  aircraft,  and  to  determine 
the  effect  the  aircraft  and  its  environment  would  have  on  the  system.  The  object  of  the 
program  was  to  evaluate  the  performance  of  the  shaft  by  comparing  bench  test  data  with  data 
obtained  with  this  shaft  installed  in  an  aircraft. 

Vertol  Division’s  interest  in  the  field  of  supercritical-speed  drive  systems  resulted  in  a  proposal 
early  in  1959  to  study,  build,  and  test  such  a  system.  Actual  testing  was  under  way  on  a 
company-funded  program  in  1961.  The  early  work  indicated  a  need  for  a  more  satisfactory 
damper  to  allow  continuous  operation  at  critical  speeds.  Battelle  Memorial  Institute  of 
Columbus,  Ohio  contributed  significant  progress  in  this  area  between  1961  and  1964.  Their 
report,  DESIGN  CRITERIA  FOR  HIGH  SPEED  POWER  TRANSMISSION  SHAFTS,1 
concludes  that  damping  is  the  most  significant  variable  in  the  control  of  supercritical-speed 
shafts. 

In  1964  Vertol  Division,  in  collaboration  with  Battelle  Memorial  Institute,  embarked  on  a 
program  to  relate  Battelle’s  model  work  to  a  full-size  shaft  for  an  actual  aircraft  (DESIGN 
AND  TEST  EVALUATION  OF  A  SUPERCRITICAL  SPEED  SHAFT,  USAAVLABS 
Technical  Report  66-49-).  The  CH-47  Chinook  tandem-rotor  helicopter  was  chosen  because 
the  configuration  requires  the  transmittal  of  a  large  amount  of  power  over  the  considerable 
distance  between  the  rotors.  The  object  of  this  program  was  to  determine  if  a  full-size  shaft 
would  perform  as  predicted  by  the  smaller  model  shafts.  A  full-size  shaft  was  designed  and 
manufactured  for  test.  The  test  specimen  operated  successfully  only  after  dynamic  balancing. 
Two  methods  of  balancing  were  investigated.  Battelle’s  experimental  method  produced 
satisfactory  results,  and  it  w'is  used  for  the  test  specimen.  An  analytical  method  was  also 
investigated,  with  limited  success.  Three  conclusions  were  drawn  from  this  work:  the  modeling 
equations  developed  under  the  previous  program  did  not  correctly  predict  full-size 
performance;  variations  of  the  characteristics  of  the  damper  would  not,  by  themselves, 
produce  satisfactory  performance;  and  supercritical  shafts'will  have  to  be  balanced. 


CURRENT  PROGRAM 

The  success  achieved  with  the  full-size  shaft  prompted  expansion  of  the  effort  to  include  a 
flight  test  evaluation  of  the  system.  This  report  covers  the  design,  bench  test  effort,  and  a 
mathematical  analysis  under  such  a  program,  including  the  development  of  a  damper  suitable 
for  installation  in  an  aircraft.  It  presents  the  design  philosophy  for  a  supercritical-speed  shaft 
system  and  presents  the  results  of  the  test  programs  used  to  evaluate  the  system.  The  analytical 
description  based  on  a  rotating  system  was  developed  to  permit  a  thorough  study  of 
supercritical  systems  including  additional  phenomena  revealed  during  the  tests. 

The  supercritical-speed  shaft  investigated  is  of  the  same  diameter  and  turns  at  the  same  speed 
as  the  existing  subcritical  shaft  system.  Diameter,  length,  and  shaft  speeds  are  dictated  by 
present  transmission  ratios  and  torque  requirements  and,  in  this  regard,  are  the  same  as  those 


1 


'y 

in  the  previous  program."  Changes  from  the  previous  design  include  the  addition  of  a  center 
damped  support  (see  Figure  1)  and  the  substitution  of  a  new  aircraft  damper  for  the 
laboratory  damper.  There  is  very  little  clearance  between  the  interconnect  shaft  and  the 
structure  on  the  Cll-47.  The  center  damper  was  added  to  prevent  interference  with  the 
rotating  shaft  if  it  deflects  due  to  aircraft  accelerations  or  when  passing  through  the  lower 
critical  speeds.  The  aircraft  damper  (see  Figure  2)  has  fixed  characteristics  that  have  been 
optimized  in  the  previously  conducted  program;  the  laboratory  dampers  had  variable 
characteristics  for  this  purpose.  The  damping  chamber  is  sealed  to  make  it  more  suitable  for 
installation  in  the  environment  of  the  aircraft. 

The  advantages  of  a  successful  system  are: 

•  Reduction  in  weight 

•  Reduction  in  parts 

•  Saving  in  cost 

o  Increased  reliability 

Eliminating  the  shaft  adapter  fittings  and  structural  supports  which  are  required  at  each  joint 
of  the  subcritical  system  would  reduce  weight,  and  weight  saving  has  an  almost  direct 
relationship  to  the  number  of  critical  speeds  the  system  operates  through.  Moreover,  the 
weight,  cost,  number  of  parts,  and  reliability  of  a  design  are  all  related  to  one  another  in  a 
general  way,  and  any  increase  or  decrease  of  one  will  affect  the  others  as  weil.  Figures  3  and  4 
show  the  results  of  a  study  of  these  factors  for  the  subcritical  system,  the  supercritical  system, 
and  a  projected  system  as  applied  to  the  CH47  helicopter.  For  purposes  of  this  comparison, 
the  following  definitions  and  limits  were  used; 

Subcritical  system  -  This  system  consists  of  the  existing  drive  train  between  the  combining 
transmission  and  the  forward  transmission  of  the  CH47B  Chinook  helicopter.  All  items  which 
are  affected  by  the  substitution  are  included  in  the  comparisons. 

Supercritical  system  -  This  system  could  replace  the  subcritical  system  with  no  change  in  the 
transmissions  or  attach  points  at  the  transmissions.  It  will  turn  at  the  same  speeds  and  carry 
the  same  torque  loading. 

Projected  system  -  This  system  is  a  one-piece  steel  shaft,  splined  directly  to  the  end 
transmissions,  with  misalignment  capability  provided  by  the  flexibility  of  the  shaft  itself.  The 
advantage  of  this  system  is  the  elimination  of  the  number  and  the  weight  of  the  adapters  for 
the  dampers  and  for  the  ends  of  the  shaft . 

A  truly  optimum  system  would  consider  other  materials  and  turn  at  much  higher  speeds, 
thereby  affecting  further  improvements  in  the  drive  and  probably  in  the  transmissions  as  well. 

Number  of  Parts  -  The  shaded  section  in  Figure  3  shows  only  the  number  of  special  parts 
required  for  a  complete  drive  system.  The  clear  section  combined  with  the  shaded  section 
shows  the  total  number  of  parts  required,  including  shelf  items  such  as  bolts,  nuts,  and 
bearings.  Structural  items  beyond  the  immediate  drive  train  supports  are  not  included  in  this 
study. 
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Figure  1.  Supercritical-Speed  Test  Shaft 


NUMBER  OF  PARTS 


Subcritical 

Supercritical 

Projected 


1721 


698 

SPECIAL  MACHINED  PARTS 


WEIGHT  OF  SYSTEM 

,  POUNDS 

Subcritical 

185.1 

Supercritical 

131.0 

Projected 

71.5 

INITIAL  PRODUCTION  COST  FOR  100  AIRCRAFT,  DOLLARS* 


Subcritical 

Supercritical 

Projected 


2879 

1834 

1964 

FUNCTIONAL  FAILURES  PER  MILLION  FLIGHT  HOURS  * 


Subcritical 

Supercritical 

Projected 


4445 

889 

|  455 

♦BASED  ON  19  67  ANALYSIS  AND  DATA. 


Figure  3.  Comparisons  Between  Subcritical,  Supercritical, 
and  Projected  Systems. 
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Figure  4.  Drive  System  Development 


Weight  of  the  System  Weights  were  calculated  lor  the  systems  described.  An  optimum 
system  would  show  further  improvement  in  this  area. 

Initial  Production  Cost  The  cost  study  was  based  on  production  cost  and  tooling  for 
100-ship  sets.  The  projected  system  cost  reflects  roll-forge  dies  which  constitute  a  substantial 
part  of  the  cost. 

Functional  failure  -  This  chart  is  an  indication  of  reliability.  Functional  failures  per  million 
flight  hours  are  based  on  actual  records  for  the  subcritical  system  and  are  projected  for  the 
supercritical  systems.  The  comparison  represents  the  value  of  reducing  the  number  of  parts  for 
increased  reliability. 


FUTURE  DEVELOPMEIVT 


Tile  potential  advantages  of  supercritical-speed  shafts  will  be  realized  when  other  intangible 
factors  are  considered.  Appreciable  weight  saving  can  be  realized  when  the  supercritical  drive 
system  is  used  in  a  thin  structure  such  as  a  wing  because  of  the  elimination  of  the  inspection 
holes  and  covers  which  are  required  for  a  subcritical  system.  The  potential  advantages  of 
supercritical-speed  drive  systems  are  now  limited  by  transmissions.  Current  transmissions  are 
not  developed  for  very  large  ratios  of  reduction  (such  as  100  to  1 )  because  the  most  efficient 
speed  for  present  drive  trains  seem  to  be  8,000  to  10,000  rpm.  Higher  speeds  would  require 
drive  shafts  with  larger  diameters  or  shorter  lengths  between  couplings  to  keep  the  sections 
operating  in  the  subcritical  range.  Hither  solution  would  increase  the  weight,  the  complexity, 
and  the  cost  of  the  drive  system.  Supercritical-speed  shafts  on  the  oilier  hand  can  operate  at 
higher  speeds  without  these  disadvantages. 


PROBLEM  STATEMENT 

The  object  was  to  design  and  build  a  supercritical-speed  shaft  and  to  install  and  test  it  in  an 
existing  aircraft  to  ensure  that  it  meets  all  design  requirements  and  safely  provides  the  desired 
test  information  forevaluation. 

Problems  were  encountered  in  the  following  areas: 

•  Insufficient  clearance  between  the  shaft  and  the  aircraft  structure  under  all  ground 
and  flight  conditions. 

•  Development  of  a  suitable  aircraft  damper. 

•  Detail  design  of  the  adapter  joint  at  the  dampers  to  eliminate  fretting  observed  on 
previous  tests  and  to  provide  disassembly  capability  without  disturbing  the  balance 
of  the  unit. 

•  Dynamic  balancing  of  the  specimen 

•  Analytical  description  of  the  shaft  as  a  rotating  system 


PROBLEM  SOLUTION 


The  clearance  problem  between  shaft  and  structure  was  resolved  by  adding  a  damped  center 
support  which  changes  the  speeds  at  which  the  criticals  occur.  Since  the  operational  ranges, 
both  ground  idle  and  flight  range,  should  be  clear  of  the  critical  speeds,  the  location  of  the 
center  support  was  varied  and  the  critical  speeds  were  calculated.  The  location  which 
permitted  the  operational  ranges  to  be  free  of  critical  frequencies  was  then  investigated. 


Because  of  the  limitation  imposed  by  designing  for  the  existing  speeds  and  torques  and  because 
of  variations  between  calculated  performance  and  actual  performance,  both  ground  idle  and 
flight  ranges  contained  a  critical  speed.  The  choice  was  between  a  well  damped  critical  (the 
sixth)  near  the  top  or  autorolational  speed  and  a  poorly  damped  critical  (the  fifth)  in  the  low 
range  of  hover  speed.  System  characteristics  which  contained  a  well  damped  sixth  critical 
speed  were  preferred,  and  the  design  was  initiated. 

A  secondary  factor  in  locating  the  center  support  was  to  locate  it  clear  of  major  aircraft 
structure  so  that  extensive  modification  would  not  be  necessary.  This  objective  was 
accomplished. 

The  aircraft-type  damper  was  developed  in  collaboration  with  Lord  Manufacturing  Company. 
The  damper  requirements  were  established  by  calculation,  and  the  damper  was  then 
constructed  to  the  resulting  specification.  A  dual-chamber  damper  was  designed  to  provide  a 
redundancy  for  operation  in  case  of  fluid  loss  from  one  of  the  chambers.  The  damper  bearing 
is  the  same  as  the  one  used  in  the  standard  drive  system  at  the  adapter  and  flex  coupling  joint. 
It  is  grease  lubricated. 

The  prior  test  program  disclosed  the  problem  of  fretting  at  the  damper-adapter  joint.  The 
fittings  for  that  program  were  designed  to  transmit  torque  and  were  not  specifically  designed 
for  bending.  A  new  joint  was  designed  with  special  attention  directed  to  maintaining  the 
bending  stiffness  through  the  adapter  area.  Alignment  of  the  joint  is  provided  by  tapered 
washers  at  each  end  of  the  spline  The  tapered  washers  are  held  in  place  with  a  standard  type 
bearing-retainer  nut  and  lock  washer.  The  joint  is  torqued  to  a  point  where  bending  expected 
in  service  will  not  exceed  the  initial  tension  applied  at  assembly  (see  Appendix  II). 

Dynamic  balancing  proved  to  be  more  troublesome  than  expected.  The  experimental  and 
analytical  methods  developed  under  the  previous  programs  could  not  be  used:  a  new  approach 
was  necessary.  Mode  shape  investigation  disclosed  bending  in  more  than  one  plane  and  mode  at 
any  given  time.  This  fact  alone  was  sufficient  to  make  previous  balance  techniques  ineffective. 

A  new  approach  was  required  to  determine  the  actual  mode  shape.  The  most  effective  phase 
angle  of  a  trial  weight  at  each  balance  station  was  used  as  an  indication  of  the  mode  at  speeds  of 
interest;  the  noncoplanar  nature  of  the  optimum  angle  was  apparent,  especially  at  higher 
speeds,  when  the  responses  from  all  stations  were  compared.  The  angular  relationship  of  trial 
weights  to  modes  was  used  as  the  basis  for  locating  weights  to  experimentally  balance  the  test 
shaft. 
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A  computer  program  based  on  the  trial-weight-effectiveness  approach  is  available  and  has  been 
used  successfully  to  check  the  experimental  results. 

The  analytical  description,  developed  for  further  study  of  the  variables  associated  with  a 
rotating  system,  is  intended  to  adequately  predict  the  performance  of  any  supercritical-shaft 
system.  The  analytical  approach  can  be  used  to  optimize  the  independent  variables  and  aid  in  a 
complete  understanding  of  the  problems. 
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SUPERCRITICAL  SPEED  SH  U  I  DESIGN 


1  he  rotor  interconnect  shatt  ol  the  C'll-47  helicopter  was  chosen  as  the  subject  of  investigation 
(see  Figure  5)  because: 

•  The  present  suberitieal-speed  shall  can  be  used  lor  comparison  of  performance,  cost 
analysis,  weight,  reliability,  etc. 

•  A  demonstration  vehicle  is  available  for  complete  evaluation  of  the  final  design. 

J  This  shaft  is  the  longest  and  has  the  highest  continuous  horsepower  capacity  of  any 
high-speed  shaft  in  the  military  aircraft  inventory. 

•  This  program  is  a  continuation  of  the  previous  effort. 

Design  requirements  based  on  an  existing  subcritical  system  allow  evaluation  of  a 
supercritical-speed  system  without  major  and  costly  changes  in  the  drive  train.  In  a  new 
supercritical  design  it  may  prove  to  be  advantageous  to  run  the  shafting  at  much  higher  speed, 
without  intermediate  gear  reduction  from  engine  speed.  Supercritical-speed  operation  can  be 
achieved  either  by  running  at  higher  speeds  or  by  removing  some  of  the  supports.  Since  shaft 
speed  is  dictated  by  the  present  transmission,  removing  the  supports  was  the  approach 
followed  (see  Figure  6).  The  center  support  was  added  to  prevent  inteiference  with  the 
structure  due  to  the  natural  sag  of  the  shaft.  Normal  sag  would  become  much  greater  under 
flight  or  landing  accelerations,  and  adequate  clearance  must  be  provided  under  these 
conditions  as  well.  The  shaft  is  continuous  through  the  damped  supports  and  is  capable  of 
taking  bending  through  these  joints.  The  shaft  extends  from  the  flexible  plate  coupling  on  the 
forward  transmission  to  a  similar  flexible  plate  coupling  near  the  tail  of  the  helicopter,  where 
power  from  the  engines  is  introduced  through  a  combining  transmission. 


DESIGN  CRITERIA  BASED  ON  AIRCRAFT  REDUIKEMENTS 

The  design  and  test  program  was  based  on  the  following  requirements  of  the  system  as  it  exists 
in  the  helicopter  and  on  the  environmental  requirements  expected  for  the  aircraft  in  service. 

•  This  data  from  the  operational  helicopter  will  be  used  in  the  design  of  the 
supercritical  system. 

Dimensions 

Shaft  length  between  gearboxes  3.18.8  inches 

Shaft  outside  diameter  (maximum)  4.50  inches 

Operating  speed  range  -  minimum  to  maximum 


Ground  idle 
Normal  flight  range 
Extended  (light  range 


2763  to  3070  rpm 
70(>  I  to  7460  rpm 
6600  to  828‘)  rpm 


Torque 


Normal  operational  torque 
Design  fatigue  torque 
Ultimate  torque 


I  5.000  ineh-pounds 
26,500  ±  4000  inch-pounds 
60,000  ineh-pounds 


Relative  motions  from  fuselage  at  limit  load 


Angular 

Length 

Angular  tolerance  on  blade  phasing 

Time  to  accelerate  (approximate) 

0  to  3,200  rpm  (ground  idle) 
3,200  rpm  to  design  speed 


t  0°  4  minutes 
t  0.216  inch 

±  1°  at  rotor 


7  seconds 
4  seconds 


G  Loadings 

Flight 

Landing 

Crash 

•  environmental  temperature  range  will 
temperature  of  32°F  and  a  maximum  of 


+2.67g  to  -0.50g 

+2.80g 

8g  all  directions,  acting  separately 

restricted  to  a  minimum  operational 
l°F  for  a  standard  hot  day. 


•  There  will  be  two  dampers.  The  design  will  be  redundant  in  that  each  damper  will 
contain  a  dual  chamber  for  fail-safe  operation. 

The  torque  capacity  requirement  was  met  by  designing  the  supercritical  tube  to  the  same 
torsional  stress  criteria  as  the  present  subcritical  tube.  Restrictions  on  outside  diameter 
resulted  in  identical  tube  diameter  and  wall  thickness.  Length  between  transmissions  also 
duplicates  the  CH-47  shaft  system  length. 


Restricting  the  environmental  temperature  range  to  +32°F  instead  of  the  usual  -65°F  reduced 
the  number  of  problem  areas  associated  with  the  dynamics  of  the  supercritical-shaft  system, 
and  a  reduced  cost  for  the  program  was  reflected. 


DESIGN  ANALYSIS  FOR  THE  DYNAMIC  SYSTEM 


Data  to  be  derived  for  design  of  the  supercritical  shaft^were  damper  variables,  damper 
positions,  and  critical  speeds.  The  previous  test  program.*  which  used  a  similar  shaft  but 
contained  a  single  damped  support,  was  used  as  a  starting  point  for  the  analytically-derived 
data. 
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Analysis  W  illioul  Damping 


For  the  case  of  a  synchronous  forward  whirl,  the  fact  is  well  established  that  the  critical 
speeds  correspond  to  the  natural  frequencies  in  lateral  vibration  of  the  stationary  (non¬ 
rotating)  shaft.  In  order  to  establish  confidence  in  the  analytical  method,  undamped  natural 
frequencies  and  modes  were  first  computed  for  comparison  with  the  following  stationary- 
shakc-tcst  configurations  from  the  previous  test  program: 

•  Undamped  shaft  with  an  elastic  support  at  station  32 

•  Undamped  shaft  with  an  elastic  support  at  station  32  and  a  rigidly-supported  bearing 
at  station  1  ft 

Calculations  were  performed  with  a  digital  computer  program  (Boeing-Vertol  Program  D-29) 
which  employed  Myklestad's  method  in  which  the  shaft  is  represented  as  a  series  of 
concentrated  masses  connected  by  weightless  beam  elements.  The  basic  analytical  model  with 
a  single  support  is  illustrated  in  Figure  7.  Results  of  the  calculations  arc  summarized  in  Figure 
8;  excellent  correlation  with  the  previous  shake-test  data  is  indicated  for  both  frequency  and 
mode  shape. 


shaft  r 

STATION  1 


9.956 


l"-  INCH 


3  5  7  9  11  13 


♦  t  t  t  t  ♦  4- -♦  -■+  '4"'  I  1— »-  1  1H 

15  17  19  21  23  25  27  29  31  33  35 

32  | 


i  9.9  5(.  „  ^  19.912 

P  INCH  *  NC ' :  Pi,  I 


I  =  0.305  LB-IN. -SEC2  El  =  4. IB  X  107  LB-IN.2 

Mj)Af _P  =  0.0552  LB-SEC2/IN.  (1)  EA  =  1.73  X  107  LB 

IDAMP  =  °-444  LB-IN. -SEC2 


NOTE; 

(1)  18-LB  DAMPER  WEIGHT  PLUS  WEIGHT  OF  SHAFT  SEGMENT 


Figure  7.  Shaft  Coordinates  and  Bas \c  Analytical  Model. 
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SINGLE  ELASTIC  SUPPORT 


STATION  32 


K  =  100  LB/IN 
M  =  18  LB 


MODE 


SHAKE 

FREQUENCY 

TEST 

(CPS)  (1) 

CALCULATED 

FREQUENCY 

MODE  SHAPE  CORRELLATION 

5.3 

5.2 

EXCELLENT,  WITHIN 

EXPERIMENTAL  ACCURACY 

16 . 4 

16 . 9 

EXCELLENT,  WITHIN 

EXPERIMENTAL  ACCURACY 

33 

33.8 

EXCELLENT,  WITHIN 

EXPERIMENTAL  ACCURACY 

CO 

58 . 8 

EXCELLENT,  WITHIN 

EXPERIMENTAL  ACCURACY 

93 

91 

EXCELLENT,  WITHIN 

EXPERIMENTAL  ACCURACY 

135 

113.4 

EXCELLENT,  WITHIN 

EXPERIMENTAL  ACCURACY 

ONE  ELASTIC  AND  ONE  RIGID  SUPPORT 


STATION  16 

1 

rt 


K  -  100  LB/IN. 
M  =  18  LB 


MODE 

SHAKE  TEST 
FREQUENCY  (CPS)  (1) 

CALCULATED 

FREQUENCY 

MODE  SHAPE  CORRELLATION 

14.2 

14.4 

NO 

TEST 

DATA 

AVAILABLE 

30.3 

27.6 

NO 

TEST 

DATA 

AVAILABLE 

44 

47.5 

NO 

TEST 

DATA 

AVAILABLE 

92.5 

89.9 

NO 

TEST 

DATA 

AVAILABLE 

115 

110.1 

NO 

TEST 

DATA 

AVAILABL-1 

NOTE:  BATTELLE  SH,  KE  TEST  DATA 


Figure  8.  Test  and  Calculated  Undamped  Frequeric  es. 
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From  test  data  of  the  shaft  with  a  single  elastic  support,  the  plot  of  Figure  9  has  been 
constructed  to  determine  the  effect  of  damping  on  the  location  of  the  natural  frequencies. 
This  plot  shows  mixed  results  for  the  lower  modes,  while  the  frequency  of  the  modes  above 
the  fourth  is  essentially  the  same  as  the  undamped  frequency.  Since  the  higher  modes  arc  the 
modes  which  fall  in  the  operating  range,  determining  the  required  position  and  stiffness  of  the 
shaft  supports  using  an  undamped  analysis  appears  to  be  justified.  Once  the  geometry  of  the 
shaft  configuration  is  established,  the  damping  requirements  may  be  investigated 
independently. 

To  minimize  the  structural  modifications  required  for  installation  of  the  shaft  in  a  CH-47 
helicopter,  the  best  location  for  the  center  support  is  at  approximately  station  1 6.  and  the  best 
location  for  the  end  damper  is  approximately  station  31  or  32.  During  the  previous  test 
program,  station  32  was  experimentally  established  as  the  best  overall  location  for  the  end 
damper.  The  following  discussion  will  show  that  this  result  is  still  valid. 

Figure  10  shows  the  variation  in  undamped  critical  speed  as  a  function  of  the  center  support 
location  with  the  end  damper  at  station  32  and  a  support  spring  rate  of  1 .000  pounds  per  inch. 
Based  on  the  previous  design,  a  damper  mass  of  18  pounds  was  used  in  the  calculations.  The 
GROUND  IDLE,  NORMAL  FLIGHT,  and  EXTENDED  FLIGHT  operating  ranges  are  as 
indicated.  The  sixth  critical  is  within  the  extended  flight  operating  range  for  all  practical 
locations  of  the  center  support  and  within  the  NORMAL  FLIGHT  range  for  all  locations 
between  station  10  and  station  17.5.  Of  less  significance  is  the  fact  that  the  fourth  critical  is 
within  the  GROUND  IDLE  range  for  center  support  locations  between  stations  12.5  and  I  "  5. 
For  the  fourth,  fifth,  and  sixth  modes,  the  critical  speeds  without  the  center  support  have  been 
identified;  the  critical  speed  with  the  additional  support  is  always  lower  due  to  the  added  mass 
of  the  center  support.  The  importance  of  the  damper  mass  is  further  emphasized  by 
comparison  of  the  critical  speeds  of  the  shaft  with  the  station  32  damper  only  and  the  critical 
speeds  of  the  unsupported  shaft.  This  comparison  shows  that  the  damper  mass  would  have  to 
approach  zero  in  order  to  raise  the  sixth  critical  above  the  operating  range  and  that  the  damper 
weight  required  to  reduce  the  sixth  critical  to  a  point  below  the  flight  range  would  be 
prohibitive. 

One  further  useful  piece  of  information  may  be  deduced  from  the  curves  of  Figure  10.  In  the 
areas  where  the  critical  speed  is  highest  and  approaches  the  value  obtained  without  the  center 
support  (station  32  damper  only),  the  center  support  has  no  mass  effect  and  must  therefore  be 
a  node  point.  Conversely,  the  areas  where  the  critical  speed  is  lowest  indicates  large  motion  of 
the  center  support  mass  and  the  support  point  must  coincide  with  an  antinode.  These 
observations  lead  to  the  important  conclusion  that  a  well  damped  fourth  and  sixth  mode  will 
be  obtained  if  the  center  support  is  located  at  station  16, since  the  center  damper  will  lie  close 
to  an  antinode.  Similarly,  the  center  damper  will  contribute  no  effective  damping  in  the  fifth 
mode  due  to  the  near  nodal  location.  Since  the  sixth  mode  is  within  the  ope'ational  range 
while  the  fifth  mode  is  not.  location  of  the  center  sepport  at  station  16  appears  to  be  an 
acceptable  compromise. 
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STATION  32 


Figure  9.  Effect  of  Damping  on  Critical  Speed  With  Single 
Support  at  Station  32. 


UNDAMPED  CRITICAL  SPEED , w  (CPS  ) 


STATION  32 


STATION  LOCATION  OF  CENTER  SUPPORT 


Figure  10.  Effect  of  Center  Support  on  Undamped  Critical 
Speed,  End  Damper  at  Station  32. 
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FLIGHT 


For  a  shaft  with  supports  at  stations  I 6  and  32.  the  effect  of  damper  stiffness  on  critical 
speeds  is  shown  in  Figure  I  I.  which  indicates  that  the  damper  stiffness  influences  only  the 
modes  below  the  fifth  critical.  In  order  to  minimize  loads  transmitted  to  the  structure  and  to 
obtain  the  maximum  damper  effectiveness,  the  damper  spring  rate  should  be  as  low  as  possible. 
Final  choice  of  the  spring  rate  was  based  on  practical  damper  design  considerations  and 
allowable  deflections  under  static  and  flight  loads.  A  spring  rate  of  1 ,000  to  2,000  pounds  per 
inch  was  considered  adequate  for  these  purposes. 

The  effect  of  practical  variations  in  damper  mass  on  the  critical  speeds  is  shown  in  Figure  12. 
It  is  evident  from  the  plot  that  small  changes  in  damper  mass  are  of  no  significance. 

In  Figure  13,  undamped  mode  shapes  for  the  shaft  with  two  supports  are  compared  with  the 
mode  shapes  for  the  shaft  with  a  single  support.  For  the- fifth  and  sixth  modes,  the  station  32 
damper  motion  and  the  location  relative  to  the  adjacent  node  point  are  unchanged,  indicating 
that  the  damper  effectiveness  at  this  location  is  not  influenced  by  the  additional  support.  To  a 
somewhat  lesser  extent  the  same  conclusion  applies  to  the  third  and  fourth  modes.  In  the  case 
of  the  third  through  the  sixth  modes,  therefore,  the  previous  experimental  optimization  of  the 
end  damper  location  (station  32)  is  still  valid  as  stated  earlier.  Total  support  point  motion, 
which  is  an  indicator  of  the  overall  damper  effectiveness,  is  compared  in  Table  I.  This 
comparison  shows  that  the  combined  damper  effectiveness  with  two  supports  is  equal  to  or 
greater  than  that  for  a  single  support,  provided  that  the  damper  force  itself  does  not  seriously 
alter  the  mode  shapes. 


TABLE  1.  TOTAL  DAMPER  MOTION 

PERCENT  OF  MAXIMUM  NORMAL  MODE  AMPLI LUDE 

Mode 

One  Support 

Two  Supports 

1 

20 

63 

*> 

53 

52 

3 

</> 

133 

4 

53 

104 

5 

37 

47 

6 

2? 

60 

STATION  16 


STATION  32 


Figure  11.  Effect  of  Damper  Stiffness  on  Undampei 
Critical  Speed. 
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UNDAMPED  CRITICAL  SPEED,  CPS  (o>) 


STATION  16  STATION  32 


DAMPER  WEIGHT,  LB 

Figure  12.  Effect  of  Damper  Mass  on  Undamped  Critical  Speed. 
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Analysis  With  Damping 


In  order  to  investigate  the  damping  requirements,  forced  response  analyses  with  damping  were 
performed  for  the  stationary  shaft.  The  analytical  model  was  similar  to  that  used  in  the 
undamped  analyses  except  that  a  viscous  damper  is  assumed  to  act  in  parallel  with  the 
supporting  spring.  Calculations  were  carried  out  using  a  digital  computer  program 
(Boeing-Vertol  program  D-97)  which  is  a  general-purpose  lumped-parameter  dynamic-analysis 
program  similar  to  t he  General  Motors  Dynamic  Analyzer  Program  (DYANA). 

As  in  the  case  of  the  undamped  analysis,  calculations  were  first  performed  for  comparison  with 
available  test  data  from  the  previous  shaft  configuration  (damper  at  station  32)  in  order  to 
establish  the  credibility  of  the  analysis.  Results  of  these  calculations  are  presented  in  Figure 
14.  With  minor  exceptions,  the  calculated  damped  frequencies  compare  favorably  with  the  test 
values.  The  calculated  second  mode  does  not  appear  in  the  test  results  probably  because  this 
mode  is  responsive  only  to  a  concentrated  exciting  force  near  the  damper.  In  general,  the 
results  of  the  damped  calculation  tend  to  be  slightly  higher  than  the  test  frequencies. 
Furthermore,  the  calculated  values  for  the  fifth  and  sixth  modes  with  damping  are  higher  than 
the  undamped  values:  this  trend  is  contrary  to  the  trend  of  the  test  data. 

Calculated  natural  frequencies  with  and  without  damping  are  compared  in  Figure  15  for  the 
shaft  with  supports  at  stations  1  ft  and  32.  Damped  calculations  were  performed  using  the  same 
damping  coefficient  ((’  -  17  lb/ in  ./sec )  as  for  the  shaft  with  a  single  support.  In  order  to 
compare  the  damped  and  undamped  frequencies  on  a  common  basis,  the  undamped 
frequencies  from  a  D-97  forced-response  analysis  without  damping  (C  =  0)  are  presented  in 
addition  to  the  results  from  the  previous  undamped  analysis  (program  D-29).  The  damped  and 
undamped  D-97  results  appear  consistent  throughout  with  the  third,  fourth,  and  fifth  modes 
displaying  a  slight  decrease  in  frequency  due  to  damping.  Above  the  third  mode,  the  D-29 
undamped  frequencies  are  lower  (5.(i  percent  at  the  sixth  mode)  than  the  corresponding 
frequencies  from  the  D-97  analysis.  Investigation  of  the  accuracy  ol  the  two  methods  indicates 
that  the  difference  is  due  principally  to  a  small  computational  error  in  the  D-29  analysis. 

On  the  basis  of  the  undamped  natural  frequencies,  the  presence  of  a  damped  first  mode  at 
approximately  19  eps  has  been  indicated  in  Figure  15.  However,  the  first  and  second  modes 
are  very  tightly  coupled  and  difficult  to  isolate  in  the  forced  response  due  to  the  similarity  in 
the  normal  (undamped)  modes  (see  Figure  1  3).  In  this  regard,  the  existence  of  the  first  mode  is 
academic  since  the  response  of  the  rotating  shaft  will,  in  all  likelihood,  display  only  a 
single-peak  response  which  may  be  treated  as  one  mode. 

Steady-state  forced  response  was  computed  for  damping  coefficients  of  H. 5 .  17.  25,  and  30 
lb/in./sec.  and  the  results  are  compared  in  Figure  16,  which  shows  maximum  shaft  deflection 
versus  excitation  frequency.  Below  20  cycles  per  second, a  damping  coefficient  of  17  Ib/in./sec 
appears  adequate,  since  a  further  increase  in  the  damping  shows  no  real  improvement.  In  the 
high-frequency  range,  damping  coefficients  above  25  Ib/in./sec  produce  no  further  reduction  in 
the  peak  responses  and  values  between  17  and  25  Ib/in./sec  appear  adequate.  As  predicted 
from  the  undamped  mode  shapes,  the  peak  response  in  the  flight  operating  range  due  to  the 
sixth  mode  is  well  damped.  C  alculated  response  at  station  4  for  later  comparison  with  test  data 
is  shown  in  Figure  I  7 


STATION  4  STATION  32 


m  =  18  LB;  K  =  100  LB/IN.;  C  =  17  LB/IN. /SEC 


UNDAMPED  NATURAL 
FREQUENCY,  CPS 

DAMPED  NATURAL 

FREQUENCY,  CPS 

MODE 

SHAKE 
TEST  (1) 

D-29 

CALCULATED 

SHAKE 
TEST  (1) 

D-97 

CALCULATED  (2) 

ROTATING 

TEST 

■ 

5.3 

5.2 

7.1 

4-5 

5-5.8 

B 

16.4 

16.9 

- 

15-19  (3) 

- 

B 

33 

33.8 

24 

28-33 

24-26 

B 

58 

58.8 

47 

56-59 

53-54 

5 

93 

91 

92 

94 

89-91 

6 

135 

133.4 

132 

140-141 

133-137 

7 

- 

- 

182 

196 

NO  DATA 

NOTES  s 

(1) 

SHAKER  AT  STATION  4 

(2) 

RANGE  OF  CALCULATED  FREQUENCIES 
DIFFERENT  SHAKER  LOCATIONS 

FOR  FOUR 

(3) 

MODE  EXCITED  ONLY  WHEN  EXCITING 
IS  NEAR  THE  DAMPER 

FORCE 

Figure  14.  Comparison  of  Test  and  Calculated  Natural 
Frequencies  With  Support  at  Station  32. 
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STATION  16 


STATION  32 


NATURAL  FREQUENCIES 

,  CPS 

MODE 

UNDAMPED 

L 

DAMPED 

D-29 

CALCULATED 

D-97 

CALCULATED  (1) 

l 

D-97 

CALCULATED  (2) 

1 

18.8 

18.1 

19  (3) 

2 

20.8 

20.9 

20.5-22.5 

3 

35.9 

36.3 

30-32 

4 

54.9 

56.4 

54-55 

5 

90.5 

94.2 

93-94 

6 

119.4 

126.5 

126-130 

7 

NOT 

CALCULATED 

195.4 

195-196 

NOTES : 

(1)  From  forced  response  without  damping 


(2)  Range  of  calculated  frequencies  for  four 
excitation  locations 

(3)  Approximate  frequency;  first  and  second  mode 
responses  are  very  tightly  coupled  by  damping, 
making  first  mode  frequency  difficult  to  identify. 


Figure  15.  Comparison  of  Calculated  Damped  and  Undamped  Natural 
Frequencies  With  Support  at  Stations  16  and  32. 
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XI HUM  SHAFT 
CTION  (INCHES) 


Figure  16.  Effect  of  Damping  on  Shaft  Response 


AMPLITUDE  (INCHES) 


Figure  17.  Station  4  Displacement  Versus  Frequency  (Calculated) 


The  forced  response  with  damping  is  a  complex  quantity  composed  of  a  real  component,  in 
phase  with  the  exciting  force,  and  a  quadrature  component  which  is  90  degrees  out  of  phase 
with  the  exciting  force.  The  quadrature  component  is  of  interest  because  at  resonance  it  is  this 
component  which  dominates  the  response.  For  a  given  natural  frequency,  the  shape  defined  by 
the  quadrature  response  is  relatively  constant  and  can  be  loosely  considered  as  the  damped 
mode  shape.  Figure  18  presents  quadrature  shapes  for  excitation  at  station  4  compared  with 
the  undamped  mode  shapes.  Since  a  discrete  first  mode  was  not  excited,  the  quadrature  shape 
for  the  exciter  location  (station  32),  which  appeared  to  best  define  the  first  mode,  has  also 
been  shown.  For  the  third  and  fourth  modes,  the  characteristic  90-degree  exciting-point  phase 
lag  was  not  obtained  with  the  exciting  force  at  station  4.  In  these  cases,  the  quadrature  shapes 
for  the  exciter  location  which  did  produce  a  90-degree  phase  lag  are  shown  for  comparison. 
Examination  of  Figure  18  indicates  that  for  the  fifth,  sixth,  and  seventh  modes,  there  is  no 
essential  difference  between  the  quadrature  and  undamped  shapes.  Below  the  fifth  mode,  the 
quadrature  shapes  strongly  resemble  the  undamped  modes;  however,  the  distorting  effect  of 
the  damping  is  evident.  In  the  case  of  the  first  and  fourth  modes,  a  variation  in  the  quadrature 
shape  with  exciter  location  is  readily  observable. 

Figure  19  shows  the  damper  positions  selected  and  superimposes  all  modes  calculated  for  the 
proposed  design.  It  also  shows  the  balance  planes  selected  to  correct  deflections  in  the  various 
modes.  Stations  8  and  24  were  selected  to  balance  the  lower  critical  speeds  (1,  2,  3  and  4) 
without  affecting  the  higher  ones  (5  and  6).  Stations  8  and/or  24  are  near  the  aritinodcs  of  the 
lower  critical  speeds  and  at  the  same  time  near  the  nodes  of  the  higher  critical  speeds.  Statiors 
5  and  10  or  stations  21  and  27  were  selected  to  balance  the  higher  critical  speeds  (5  and  6) 
while  having  relatively  little  effect  on  the  lower  critical  speeds.  Weights  at  station  5  and  station 
1 1  are  near  the  antinodes  of  the  higher  critical  speeds  but  would  have  opposite  sign  to  be  most 
effective  at  these  speeds.  The  opposite  sign,  however,  would  make  them  counterbalance  each 
other  at  the  lower  speeds;  therefore,  they  would  have  little  effect  at  these  speeds.  Weights  at 
stations  21  and  27  react  in  the  same  way. 

Figure  19  also  identifies  the  location  of  the  strain  gages  installed  on  the  test  shaft.  A  bending 
bridge  was  installed  at  shaft  station  4  to  measure  shaft  bending.  Station  4  will  contain  some 
bending  stiess  if  there  is  deflection  in  any  of  the  modes  shown.  Other  stations  may  not  show 
bending  in  some  modes.  For  example,  station  8  would  not  show  bending  in  the  Fifth  mode, 
and  station  7  would  not  show  it  for  the  sixth  mode.  The  bending  bridges  located  at  stations 
15,  17,  31,  and  33  arc  located  one  station  on  each  side  of  the  dampers  to  show  the  bending 
earned  through  the  adapter  joint  at  these  points.  A  torsion  bridge  was  installed  at  station  34  to 
measure  actual  shaft  torque  either  in  the  bench  test  or  in  the  aircraft. 


STRUCTURAL  DESIGN  CRITERIA 

The  structural  design  criteria  and  the  loading  conditions  for  the  supercritical-speed  shaft  are 
specified  in  Vertol  report  D8-0939.-*  The  primary  source  of  loading  on  the  supercritical-speed 
shaft  system  is  engine  torque.  The  CH-47A  and  B  are  powered  by  two  Lycoming  T55-L-7 
engines  each  capable  of  operating  at  the  transmission  limit  of  2,485  horsepower  at  15,160 
rpm.  The  engines  have  this  capability  for  both  single-engine  and  twin-engine  operation.  All 
components  of  the  supercritical-speed  shaft  system  are  designed  for  the  most  critical  loading 
conditions  during  single- or  twin-engine  operation. 
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UNDAMPED  NODES 

DAMPED,  EXCITATION  AT  STATION  4 
DAMPED,  EXCITATION  AT  STATION  32 
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Figure  19.  Mode-Shape  Information  With  Locations  for 
Dampers,  Balance  Pads,  and  Strain  Gages. 
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In  addition  to  the  primary  load,  the  shall  system  is  also  subjected  to  secondary  loads  arising 
from  deflections  and  misalignments.  These  secondary  loads  are  considered  in  both  limit  and 
fatigue  stress  analysis. 


Ultimate  allowable  stresses  are  taken  from  METALLIC  MATERIALS  AND  ELEMENTS  FOR 
AEROSPACE  VEHICLE  STRUCTURES.  MIL-HDBK-5  A.4  Allowable  fatigue  stresses  are 
based  on  values  obtained  from  Vertol  STRUCTURES  DESIGN  BOOR  86L1  OF  THE  BOEING 
COMPANY  ENGINEERING  DESIGN  MANUAL-^  and  from  Vertol  experience  with  similar 
components  and  materials. 

Shaft  Torsional  Loads 

Limit  and  Ultimate  Conditions  All  components  of  the  shaft  system  are  designed  to  withstand 
momentary  applications  of  ultimate  loads  without  failure.  The  maximum  steady  operating 
torque  equals  60  percent  of  twin-engine  torque  based  on  4.070  horsepower  at  230  rotor  rpm. 
The  ultimate  torque  is  obtained  by  multiplying  the  steady  torque  by  a  1.5  limit  factor  and  a 
1 .5  ultimate  factor  of  safety.  These  torque  values  are: 


Tmax  operating  =  -<>-700  inch-pounds 


T 


limit 


^  ultimate 


40.000  inch-pounds 
60.000  inch-pounds 


Fatigue  Condition-Superimposed  on  the  maximum  steady  torque  is  a  cyclic  torque  equal  to 
±15  percent  of  the  steady  torque. 


T 

1  alternating 


±  0. 1 5  (  26.700)  =  ±  4.000  inch-pounds 


Bending  Loads 

Limit  and  Ultimate  Conditions— Hie  maximum  bending  of  the  shaft  system  under  combined 
axial  compressive  force  due  to  the  fuselage  deflection  and  transverse  load  under  3g  flight 
condition  is  2.450  inch-pounds.  The  maximum  whirling  of  the  shaft  due  to  the  unbalance  has  a 
calculated  value  of  400  inch-pounds.  Both  of  these  bending  loads  take  place  at  the  forward 
damper  of  the  shaft  system.  The  limit  bending  occurring  in  the  shaft  during  any  operating 
condition  is  thus  obtained  by  adding  these  two  bending  loads. 

The  ultimate  bending  moment  is  determined  by  multiplying  this  limit  bending  by  a  1.5 
ultimate  factor  of  safety.  These  bending  loads  are: 

M|inijt  =  2.850  inch-pounds 

Multimate  =  4,280  '"‘-'•'-pounds 


Fatigue  Condition 

All  components  of  the  shaft  system,  except  bearings,  are  designed  with  the  objective  of 
attaining  a  minimum  service  life  of  3.600  hours  under  the  basic  fatigue  loading  schedule  in 


STRUCTURAL  DESIGN  CRITERIA,  CH-47B  AND  C.b  Bearings  will  be  designed  for  a 
minimum  B-IO  life  of  1 ,200  hours  under  the  same  schedule. 

The  nature  of  the  normally-encountered  bending  stress  experienced  by  a  shaft  operating  at 
supercritical  speeds  in  Ig  level  flight  is  shown  by  Figure  20.  With  the  specified  mode  shapes 
associated  with  a  given  frequency,  a  strain  gage  located  on  the  surface  of  the  shaft  at  point  1 
would  indicate  the  stresses  shown  in  Figure  21.  From  these  diagrams  it  can  be  seen  that  the 
bending  stresses  are  expected  to  be  steady  while  operating  at  a  constant  rpm.  Stress  reversals 
occur  only  when  the  direction  of  the  bend  in  the  shaft  changes  between  modes.  This  has  been 
demonstrated  by  test  (see  Figure  1 32). 


MODE  A 


Figure  20.  Typical  Mode  Shapes. 
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STRESS  AT  POINT  1  DURING  OPERATION  WITH  SHAFT  IN  MODE  SHAPE  B 


STRESS  AT  POINT  1  DURING  OPERATION  WITH  SHAFT  IN  MODE  SHAPE  A 
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STRESS  AT  POINT  1  DURING  OPERATION  WITH  SHAFT  IN  MODE  SHAPE  C 
TIME  - ► 

Figure  21.  Bending  Stress  From  Shaft  Whirling. 


Alternating  bending  occurring  in  the  shaft  at  the  frequency  of  rotation  is  a  result  of  fuselage 
bending  and  gravity.  Alternating  bending  at  twice  the  frequency  of  rotation  comes  from 
elliptical  whirling.  This  is  a  transient  condition,  and  it  is  believed  proper  balancing  will  reduce 
or  eliminate  it. 
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Dampers  and  Support  Structure 


The  dampers  and  support  structure  are  designed  to  operate  at  the  bending  of  the  shaft  due  to 
unbalance  which  causes  ±  15  pounds  alternating  load  at  end  bearing  supports.  Amplitude  for 
use  in  determining  damper-to-structure  loads  is  consistent  with  allowable  alternating  lateral 
bending  deflections  of  the  shaft  for  unlimited  life.  All  mode  shapes  within  or  adjacent  to  the 
flight  range  have  been  considered.  This  shaft  is  considered  to  be  deflected  sinusoidally. 

Actual  stress  is  a  function  of  the  mode-shape  deflection  determined  by  analysis  of  the  dynamic 
response  of  the  system. 

Secondary  loads  arising  from  deflections  and  misalignments  will  be  considered  for  both  limit 
and  fatigue  conditions. 


DETERMINATION  OK  MAXIMUM  BENDING  STRESS 


Maximum  bending  stress  in  the  supercritical  speed  shaft  system  is  measured  at  its  whirling 
speeds.  First,  the  theoretical  mode  shape  is  selected  whose  whirling  speed  falls  in  the  identified 
operational  ranges.  Next,  the  maximum  deflection  in  the  shaft  system  is  determined  by 
assuming  that  an  unbalance  in  the  shaft  system  causes  a  ±  15-pound  load  at  the  end  supports. 
The  equation  for  the  maximum  deflection  is  a  sinusoidally  deflected  shaft,  expressed  in  terms 
of  the  loads  at  end  supports,  is 


Y 


max 


_  7T  g  R 

7. 

wcoH 


( 1 ) 


whcrc  Ymax  = 

maximum  shaft  deflection,  in. 

g 

acceleration  of  gravity,  386  in./sec“ 

R  = 

load  at  end  support,  lb 

w  = 

weight  ol  shaft  per  unit  length.  Ib/in 

oj  - 

shaft  speed,  rad /sec 

1 

shaft  length  between  nodes,  in. 

Hie  maximum  bending  stress  in  the  shaft  system  is  determined  by  using  the  maximum  shaft 
deflection  obtained  from  the  above  calculation.  The  equation  for  the  maximum  bending  stress 
in  a  sinusoidally  deflected  shaft  is 
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°max 


7T2  D  E  Y 
2  1  2 


max 


(2) 


where  amax 

=  maximum  bending  stress,  lb/in.2 

D 

=  outside  diameter  of  shaft,  in. 

E 

=  modulus  of  elasticity,  lb/in/ 

v 

1  max 

=  maximum  deflection,  in. 

1 

=  shaft  length  between  nodes,  in. 

The  maximum 
Figure  18). 

shaft  bending  stress  is  found  at  the  fifth  whirling  speed  of  the  shaft  system  (see 

For  R  =  15  lb 

w  =  0.165  lb/in. 

Cl)  =  568  rad/sec 

1  =  70.7  in. 

D  =  4.50  in. 

E  =  10.5  x  106  lb/in.2 

Substituting  these  values  into  Equations  (1)  and  (2)  gives  the  maximum  bending  stress  in  the 
shaft  system,  which  is 


°max 


=  230  lb/in.2 


As  previously  explained,  the  above  stress  is  a  steady  value.  It  can  be  used  conservatively  as  an 
alternating  value  to  cover  all  possibilities  of  shaft  mode  shapes  and  deflections  for  the 
extended  operational  speed  range. 


DETERMINATION  OF  ORBITING  END  LOADS 


Based  on  the  theoretical  mode  shapes  of  the  undamped  shaft  system  and  a  maximum  allowable 
bending  stress,  the  maximum  shaft  deflection  of  interest  for  each  mode  shape  can  be 
determined  by  Equation  (2).  A  maximum  allowable  bending  stress  of  2,500  lb/in.2  was 
selected  for  the  bench  test  program. 

With  the  shaft  deflection  known  for  each  mode  shape,  the  orbiting  end  loads  can  be  computed 
by  using  Equation  (1). 
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DAMPER  TEST 


The  damper  is  an  immersion  body  type  and  displays  characteristics  of  viscous  dampers  in 
general.  Drawings  of  the  damper  are  included  in  Appendix  II.  Damping  force  is  rehted  to 
velocity#  The  damper  is  composed  of  several  concentric  metal  sections  joined  by  bonding  an 
elastomeric  member  between  them.  When  the  parts  are  joined,  a  circular  concentric  chamber  is 
formed  which  is  filled  with  a  silicone  fluid  (see  Figure  22).  The  shaft  is  supported  on  a  bearing 
pressed  into  the  inner  metal  section.  When  the  shaft  is  deflected,  the  center  moves  in  relation  to 
the  outer  metal  section  and  causes  the  chamber  to  distort  in  an  eccentric  manner.  Fluid  in  the 
chamber  flows  from  the  smaller  area  to  the  larger  area.  When  the  shaft  rotates  in  the  deflected 
position,  the  fluid  in  the  chamber  is  forced  to  flow  ahead  of  the  deflection.  Viscous  resistance 
to  the  flow  causes  damping.  The  outer  section  of  the  damper  is  attached  to  the  aircraft 
structure  when  installed. 

TEST  MACHINE  AND  INSTRUMENTATION 

The  damper  test  machine  consisted  of  a  belt-driven  rotating  shaft  running  in  bearings  with  an 
eccentric  mounted  at  one  end  to  impose  a  positive  displacement  across  the  damper  (see  Figure 

23) .  Various  eccentrics  could  be  installed  to  change  the  displacement  as  desired  (see  Figure 

24) .  The  entire  test  machine  was  mounted  on  a  base  which  could  be  placed  in  an  oven  or  cold 
box  for  the  desired  environmental  control  during  testing.  Frequency  was  controlled  by  a 
variable-speed  motor  driving  the  unit. 

Measurements  for  the  damper  test  included  the  damper  force  output,  frequency  of  rotation, 
phase  of  the  eccentric,  rpm  counter,  and  temperature  of  the  damper  elements. 

The  damper  force  output  was  measured  by  a  Kistler  quartz  load  cell  which  drove  a  Kistler 
charge  amplifier.  The  final  display  appeared  on  a  Tektronix  storage  oscilloscope.  The 
oscilloscope  force  traces  were  photographed  at  each  test  condition  for  analysis. 

The  frequency  was  measured  with  a  photoelectric  pickoff  driving  a  digital  counter.  The 
photoelectric  pickoff  also  triggered  a  stroboscope  when  the  eccentric  was  90  degrees  from  the 
load  cell  location,  or  at  the  point  of  peak  velocity  of  the  eccentric  in  the  vertical  direction. 
This  test  setup  provided  a  force  trace  with  a  blip  at  the  point  of  peak  velocity  to  determine  the 
force  component  of  pure  damping  for  the  test  unit.  This  setup  was  also  used  to  determine  the 
dynamic  spring  rate  of  the  damper. 

The  temperature  of  the  inner  and  outer  members  of  the  damper  was  measured  and  recorded 
during  all  tests  by  copper-constantan  thermocouples  and  a  Leeds  and  Northrup  temperature 
potentiometer. 

TEST  PROCEDURE 


The  damper  test  machine  has  three  eccentric  offsets  (0.025, 0.015,  and  0.005  inch)  for  use  at 
different  frequencies. 
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Figure  22.  Damper  -  Sectional  Viev* 
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Figure  24.  Damper  Test  Vee-Belt  Drive. 
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The  tests  were  run  at  +32°  F,  +70°  F,  and  +160°  F.  Temperature  was  maintained  by  enclosing 
the  test  machine  in  a  box  or  chamber  where  necessary. 

•  Test  for  damping  coefficient  (stabilized  temperatures) 


Frequency 

(cps) 

1 

32° 

o 

o 

r- 

160° 

0  to  60 

0.025 

m 

X 

X 

Oto  100 

o.oi5  ; 

X 

X 

X 

Oto  145 

0.005 

a 

X 

X 

•  Simulated  shutdown  from  hot  condition 

•  Fluid  loss  test  (one  chamber) 

•  Calibration  check  for  dampers  used  on  shaft  test 

•  Fatigue  test  at  1 60°  F  (to  maintain  approximately  200°  F  on  inner  member) 

The  physical  displacement  was  established  by  the  eccentric  installed  on  the  shaft.  The  damper 
was  installed  in  the  test  machine  so  that  the  horizontal  damper  force  reacted  against  horizontal 
links  to  the  structure.  The  vertical  force  was  measured  by  the  Kistler  quartz  load  cell. 

The  ambient  temperature  for  each  test  was  established.  The  test  was  begun  by  bringing  the 
frequency  of  rotation  to  a  predetermined  value.  This  speed  was  maintained  until  the  damper 
temperature  stabilized;  then  the  data  were  noted  and  recorded.  The  frequency  was  changed 
and  the  process  repeated  until  data  were  obtained  for  ail  the  desired  frequencies. 

TEST  RESULTS 

The  radial  spring  rate  of  the  damper  was  measured  at  1,650  pounds  per  inch  (see  Figure  25). 
This  value  is  well  within  the  required  spring  rate  of  1,000  to  2,000  pounds  per  inch  given  in 
the  specification. 

The  measured  damping  at  room  temperature  (see  Figures  26, 27,  and  28)  is  slightly  above  the 
upper  design  limit  of  the  tolerance  envelope  (12  to  1 8  lb/iiVsec)  at  input  amplitudes  of  0.005 
and  0.015  inch.  However,  the  damping  was  considered  to  be  acceptable,  and  no  attempt  was 
made  to  adjust  the  damping  force  into  the  tolerance  band  by  changing  the  fluid  viscosity. 

Figures  29,  30,  and  31  show  the  damping  characteristics  at  an  ambient  temperature  cf  32°F. 
Similarly,  Figures  32,  33,  and  34  show  the  damping  characteristics  at  160°F.  Data  derived 
from  comparing  these  figures  with  information  recorded  at  room  temperature  are  similar  (up 
to  frequencies  near  80  Hertz)  to  the  expected  change  of  viscosity  with  temperature  (average 
damper  temperature  recorded  during  the  test)  for  a  silicone  fluid. 


38 


LOAD  (LB) 


Figure  25.  Damper  Load  Versus  Deflection  (Spring  Rate). 


39 


DAMPING  FORCE  (LB) 
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(1)  INPUT:  0.025  ECCENTRIC 

(2)  TEMPERATURES  STABILIZED 


C  =  18  LB/IPS 


C  =  12  LB/IPS 


LEGEND 


•  -  NO  STATIC  OFFSET 


A-  WITH  0.02  5”  STATIC  OFFSET 
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Figure  27.  Force  Versus  Speed  to  100  CPS  at  70°F 
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Figure  28.  Force  Versus  Speed  to  140  CPS  at  70°F 


DAMPING  FORCE  (LB) 


NOTES:  (1)  INPUT:  0.025  ECCENTRIC 
(2)  TEMPERATURES  STABILIZED 


Force  Versus  Speed  to 
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Figure  29 


60  CPS  at  32°F 


NOTES:  (1)  INPUT:  0.015  ECCENTRIC 

(2)  TEMPERATURES  STABILIZED  24  LB/IPS 
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Figure  30.  Force  Versus  Speed  to  100  CPS  at  32°F 


NOTES:  (1)  INPUT:  0.005  ECCENTRIC 
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Figure  31.  Force  Versus  Speed  to  140  CPS  at  32°F 


DAMPING  FORCE  (LB) 


LEGEND 


•  -  0.025"  STATIC  OFFSET 
A  -  NO  STATIC  OFFSET 


NOTES:  (1)  INPUT:  0.025  ECCENTRIC 


Figure  32.  Force  Versus  Speed  to  60  CPS  at  160°F. 
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Force  Versus  Speed  to  100  CPS  at  160°F 
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Figure  34.  Force  Versus  Speed  to  140  CPS  at  160°F . 


A  nonlinearity  in  the  damping  curve  was  observed  at  frequencies  over  80  Hertz  (see  Figure  34). 
The  fact  that  the  damping  force  peaks  and  then  drops  off  with  higher  frequencies  indicates  a 
resonant  condition  either  in  the  damper  support  structure  or  within  the  damper  body. 
Observation  with  a  strobe  light  of  the  damper  under  test  revealed  that  expansion  of  the  rubber 
occurs  90  degrees  ahead  of  the  eccentric  deflection  of  the  test  machine.  This  out-of-phase 
expansion  of  the  rubber  indicates  that  the  resonance  is  within  the  damper  itself  rather  than  in 
the  structure.  The  expanding  rubber  causes  a  resultant  load  in  the  opposite  direction  (90 
degrees  behind  the  eccentric).  This  load  is  in  the  same  direction  as  the  normal  damping  force, 
so  the  two  forces  must  be  added  to  represent  the  total  damping  force.  The  drop  in  total 
damping  force  as  the  frequency  is  increased  is  attributed  to  a  probable  breakdown  of  the 
internal  damping  caused  by  the  pumping  action  of  the  fluid.  The  total  damping  force  is  then 
supplied  by  the  expanding  rubber,  or  pressure  bulge,  90  degrees  ahead  of  the  normal  damper 
eccentric.  This  occurs  only  at  high  speed. 

The  temperature  effect  on  this  resonant  condition  verifies  the  assumption,  because  increased 
internal  temperatures  should  decrease  the  spring  rate  of  the  elastomer  and  lower  the  natural 
frequency.  The  curve  in  Figure  29  with  a  0.005-inch  eccentric  at  +32°F  has  no  pr  No  bulge 
in  the  elastomer  was  noticed  with  the  strobe.  The  effect  of  temperature  could  be  i.  mized  by 
stiffening  the  rubber  section  against  the  bulging  action,  which  should  linearize  .  „•  damping 
curve  to  higher  frequencies. 

Figures  35,  36.  and  37  show  the  stabilized  temperatures  measured  at  the  inner  and  outer 
damper  members  throughout  the  test  program.  Each  data  point  on  these  curves  also  represents 
the  point  at  which  the  damper  force  data  were  recorded. 

The  damping  force  and  temperature  versus  the  frequency  with  only  one  chamber  filled  with 
fluid  are  shown  in  Figures  38  and  39.  This  test  represents  what  would  happen  if  the  fluid  were 
lost  from  one  chamber  due  to  malfunction  Even  with  the  lower  damping  force  that  exists,  the 
temperatures  recorded  on  the  metal  parts  of  the  damper  are  essentially  the  same  as  those 
recorded  with  both  chambers  filled. 

Figure  40  shows  the  damping  force  at  140  Hertz  and  the  temperatures  of  the  inner  and  outer 
damper  members  during  the  24.5-hour  endurance  test.  Several  times  during  this  test  there  was 
a  sudden,  rapid  temperature  rise  so  severe  that  the  test  had  to  be  interrupted.  At  the  high 
temperatures  encountered  during  the  test,  the  grease  in  the  bearing  became  thin  and  ran  out 
around  the  threaded  bearing  retainer  Data  indicated  that  the  bearing  itself  was  the  primary 
source  of  heat.  After  7  hours  of  testing,  the  bearing  was  removed,  cleaned  of  all  grease,  and 
lubricated  with  a  light  oil.  This  stabilized  the  temperature  and  damping-force  measurements 
for  approximately  ten  more  hours,  when  the  temperature  again  rose  suddenly.  At  this  point 
( 17.5  hours  of  testing),  the  procedure  was  stopped  and  a  new  bearing  was  installed.  With  the 
new  bearing,  the  damping  force  and  temperature  were  substantially  reduced.  After  the  data 
were  plotted  at  the  end  of  22.5  hours,  it  was  noted  that  the  damping  force  recorded  for  ihe 
period  from  17.5  to  22.5  hours  was  considerably  lower  than  normal.  The  low  data  led  to  the 
belief  that  there  was  an  error  in  the  instrumentation  readout.  The  damper  was  therefore  placed 
back  in  the  test  setup  and  run  for  another  two  hours.  The  damping  force  measured  for  this 
final  period  was  much  closer  to  the  normal  levels.  On  this  basis,  the  damping  force  readout  for 
the  17.5-  to  22.5-hour  period  was  assumed  to  be  incorrect.  The  cause  of  the  error  is  not 
known. 
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ROTATIONAL  FREQUENCY  (CPS) 
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INNER  MEMBER  TEMPERATURE 
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ROTATIONAL  FREQUENCY  (CPS) 


NOTE:  TEMPERATURES  STABILIZED 
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Figure  38.  One  Chamber  Damping  Force  Versus  Speed  at  70°F. 
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Figure  39.  One  Chamber  Stabilized  Temperature  Versus  Speed  at  70°F  . 
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After  the  test,  the  damper  was  completely  disassembled  and  was  examined  visually  for  signs  of 
deterioration  in  the  elastomeric  parts.  No  deterioration  was  apparent  (see  Figure  41 ).  When  the 
bearing  was  operating  properly  and  adequate  lubrication  was  maintained,  the  temperature  rise 
of  the  damper  components  recorded  during  the  test  program  was  well  within  the  limits  of  the 
elastomer  employed. 


Figure  41.  Disassembled  Damper  . 


SUMMARY 


The  tests  indicated  that  the  damper  characteristics  fall  within  the  general  limits  established  for 
the  specification.  The  damping  coefficient  is  higher  than  intended  under  some  conditions  but 
not  sufficiently  high  to  warrant  changing  at  this  time.  The  damper  has  demonstrated  a  fatigue 
life  in  excess  of  ten  million  cycles  at  elevated  temperatures  and  at  motions  far  in  excess  of 
those  normally  expected  in  service.  The  damper  was  tested  at  an  ambient  temperature  of  160° 
F  and  five  times  the  expected  excursion.  The  bearing  could  not  withstand  these  conditions  and 
had  to  be  relubricated  and  replaced  to  complete  the  rest  run.  Satisfactory  damper  performance 
has  been  demonstrated  under  these  severe  conditions,  and  satisfactory  performance  for  the 
bearing  is  projected  when  normal  operating  limits  specified  for  the  aircraft  installation  are  not 
exceeded. 

The  diaphragm  separating  the  dual  chambers  of  the  damper  was  found  to  have  failed  sometime 
during  the  testing  prior  to  testing  the  damper  with  one  chamber  empty.  The  failure  occurred 
adjacent  to  a  mark  left  by  a  sprue,  or  vent,  in  the  elastomeric  mold.  Under  deflection,  the 
member  received  high  stresses  in  this  area;  the  additional  stress  concentration  caused  by  the 
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mark  resulted  in  the  failure.  New  parts  were  made  with  this  sprue  relocated  in  a  less  critical 
area.  All  tests  were  repeated.  The  diaphragm  then  performed  in  a  satisfactory  manner. 

The  nonlinear  damping  characteristics  noted  at  the  higher  frequencies  have  been  explained 
(under  Test  Results)  as  a  pressure  wave  preceding  the  deflection  by  90  degrees  and  causing  an 
expansion  of  the  elastomer  at  this  spot.  The  reaction  to  the  expansion  acts  through  the  damper 
in  the  same  direction  as  the  damping  force  from  the  viscous  action  of  the  fluid,  and  addition  of 
these  two  forces  gives  the  total  damping  of  the  unit.  The  nonlinear  characteristics  could  be 
eliminated  by  making  the  elastomer  more  resistant  to  expansion  in  this  direction. 

Damper  failures  from  the  bench  testing  have  been  attributed  to  working  of  the  elastomer 
resulting  from  the  initial  bend  in  the  shaft  acting  as  a  crank  and  the  shock  wave  expansion 
caused  by  excessive  fluid  shear.  Neither  cause  is  related  to  the  dynamic  deflection  of  the 
flexible  system.  Removing  the  crank  effect  by  straightening  the  shaft  and  machining  the  field 
splice  adapter  flanges  reduced  the  flexing  of  the  elastomeric  sec'ionsand  allowed  the  dampers 
to  function  in  a  satisfactory  manner. 


CONCLUSIONS 

The  damper  as  developed  for  this  program  successfully  controlled  the  deflections  of  the 
supercritical-speed  shaft  as  balanced  during  the  tests.  It  operated  satisfactorily  in  the 
environment  of  the  aircraft  within  the  temperature  limits  tested. 


The  failures  that  occurred  during  this  test  program  were  a  result  of  excessive  shaft  motions. 
Excessive  motions  at  the  damper  regardless  of  the  source  (crank  effect  or  deflections  from 
unbalance  in  the  shaft)  caused  unacceptable  loads  on  the  damper,  bearing,  and  structure.  When 
these  motions  and  loads  were  reduced  to  acceptable  levels,  the  damper  performed  in  a 
satisfactory  manner. 


The  nonlinear  damping  characteristics  did  not  present  additional  problems  in  balancing  the 
shaft.  The  independent  effect  of  this  variable  was  not  considered  in  the  actual  test  program. 
Increased  stiffness  of  the  elastomer  in  the  damper  may  be  a  desirable  improvement. 

The  damper  (J- 1233 1-5)  is  capable  of  a  minimum  of  21  hours  of  service  in  the  aircraft  at  the 
conditions  used  for  this  endurance  test,  if  temperatures  are  closely  monitored  and  maintained 
below  approximately  200°  F  at  the  bearing  retainer. 

The  motions  at  the  damper  must  be  kept  within  the  design  limits  to  prevent  excessive  heat 
buildup  and  deterioration  with  eventual  failure  of  the  elastomeric  section.  The  damping 
characteristics  of  the  unit  establish  the  load  transmitted  through  the  bearing  to  the  structure, 
and  excessive  motions  will  produce  excessive  loads  for  the  bearing.  Excessive  motions  can  be 
caused  by  the  initial  bend  in  the  shaft  (producing  a  crank  effect)  or  from  dynamic  deflections 
as  a  result  of  excessive  unbalance  in  the  flexible  shaft.  Both  motions  must  be  controlled  within 
acceptable  limits  if  satisfactory  performance  is  to  be  obtained. 
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TORSION  TEST 


The  torsion  test  specimen  consists  of  a  short  section  of  drive  shafting  assembled  with  standard 
flexible-coupling  adapters  at  each  end  and  with  the  special  adapter  sections  designed  for  the 
damper  installed  near  the  center.  A  drawing  of  the  torsion  fatigue  specimen  is  included  in 
Appendix  II.  The  adapters  at  the  center  were  assembled  to  simulate  an  actual  aircraft 
installation.  The  damper  bearing  and  retainer  sleeve  or  spacer  was  used  so  the  retaining  nuts 
could  be  torqued  to  the  same  value  specified  on  the  installation  drawing  and  thereby  provide 
the  same  stress  loading  on  the  section  as  expected  in  service.  The  rivets  used  for  the  adapters 
were  the  same  as  specified  on  the  full-size  shaft,  including  the  3/8  rivet  with  the  small  hole  for 
the  strain  gage  lead  wires.  Standard  assembly  procedure  was  used  throughout  with  normal 
quality  control  and  inspection  for  parts. 


TEST  MACHINE  AND  INSTRUMENTATION 


The  torsion  test  was  run  in  an  IV-20  fatigue  machine  operating  at  20  cps.  The  measurements 
obtained  during  the  test  included  steady  and  alternating  load,  frequency  of  vibration,  and 
total  number  of  cycles.  The  load  was  applied  by  the  test  machine  and  measured  by  torsion 
strain  gages  applied  to  the  test  specimen.  The  signal  was  amplified  by  a  bridge  amplifier,  and 
the  signal  was  presented  or  observed  on  a  single-beam  oscilloscope.  The  number  of  cycles  was 
totaled  by  a  counter  on  the  test  machine  and  recorded  in  the  test  log  as  the  test  progressed. 


The  measurements  obtained  during  the  torsion  test  included  steady  and  alternating  load, 
frequency  of  vibration,  and  total  number  of  cycles.  The  load  was  applied  by  the  test 
machine  and  measured  by  torsion  strain  gages  applied  to  the  test  specimen.  The  signal 
was  amplified  by  a  bridge  amplifier,  and  the  signal  was  presented  or  observed  on  a 
single-beam  oscilloscope.  The  number  of  cycles  was  totaled  by  a  counter  on  the 
test  machine  and  recorded  in  the  test  log  by  the  supervising  technician  as  the  test 
progressed. 


TEST  PROCEDURE 


This  test  was  intended  to  demonstrate  the  life  and  safety  of  the  new  shaft  adapter  design 
beyond  the  conditions  expected  in  the  ground  and  flight  test  programs. 

One  end  of  the  test  specimen  (see  drawing  ST10220  in  Appendix  II)  was  mounted  to  a  fixture 
rigidly  attached  to  the  working  surface  of  the  test  machine.  The  other  end  was  secured  to  a 
shaft  mounted  on  bearings  to  allow  radial  motion.  A  14-inch  torque  arm  was  attached  to  the 
shaft  and  platen  of  the  IV-20  fatigue  test  machine.  A  steady  load  was  applied  to  the  test 
specimen  through  the  platen  by  adjusting  a  jack  screw  against  a  spring  (see  Figure  42).  The 
alternating  force  was  applied  by  a  rotating  eccentric  mass  which  turned  at  1 ,200  rpm  (20  cps). 
The  magnitude  of  the  alternating  force  could  be  changed  by  adjusting  the  amount  of 
eccentricity.  Load  in  the  specimen  was  measured  by  a  four-arm  torsion  bridge  mounted  on  the 
specimen  and  precalibrated. 
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The  test  was  run  with  the  following  schedule: 

•  Design  Torque  Load  with  1 5  Percent  Alternating  Torque  Load 

Temperature  -  Ambient  70°  F  ±  5°  F 

Loading  —  26,700  inch-pounds 

Alternating  —  4,000  inch-pounds 

Duration  -  10,000,000  cycles 

•  Design  Torque  Load  with  25  Percent  Alternating  Torque  Load 

Temperature  -  Ambient  70°  F  ±  5°  F 

Loading  —  26,700  inch-pounds 

Alternating  —  6,674  inch-pounds 

Duration  -  Test  to  failure 

This  test  was  conducted  by  first  applying  the  steady  load,  then  starting  the  machine  and 
adjusting  the  rotating  mass  to  the  desired  alternating  load.  The  test  was  continued  for  the 
required  number  of  cycles. 


Figure  42.  Torsion  Test  Torque  Arm. 
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TEST  RESUITS 


The  test  was  run  with  the  following  schedule: 


Test  Run 

Load  Level 
(inch-pounds) 

Cycles  x  10^ 

Remarks 

1 

26, •’00  ±  4,000 

Runout 

2 

26,  '00  ±  6,674 

Runout 

3 

26,700  ±  1 2,000 

-■£9' 

Failure 

- : zn 

The  specimen  completed  the  desired  10  million  cycles  in  good  condition.  The  alternating 
load  was  increased  according  to  schedule  with  the  supposition  that  failure  would  occur  within 
the  next  5  million  cycles.  When  15  million  more  cycies  were  completed  without  failure,  the 
alternating  load  was  again  increased.  The  test  continued  for  1.6  million  additional  cycles 
at  this  loading  before  the  specimen  failed.  The  total  number  of  cycles  on  the  specimen  at 
failure  was  26.6  million. 

When  the  adapter  (SKI 6763)  was  removed  from  the  tube  (SKI 6760),  the  following 
observations  were  made  (see  Figure  43): 
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Figure  43.  Torsion  Test  Failure  Analysis. 
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•  Fatigue  cracks  appear  to  have  originated  at  the  MS20470D8  rivet. 

•  Primary  fatigue  origin  was  along  the  longitudinal  axis  of  the  specimen  with  a  fatigue 
crack  along  that  axis. 

•  Secondary  origins  are  noted  30°  and  90°  counterclockwise  from  the  primary  origin 
in  the  MS20470U8  rivet  hole. 

•  A  fatigue  origin  is  noted  perpendicular  to  the  longitudinal  axis  in  the  MS20470D12 
rivet. 


SUMMARY 


A  smaller  diameter  spline  and  the  requirement  of  increased  bending  rigidity  through  the  joint, 
together  with  change  in  rivet  size,  necessitated  a  cross-sectional  area  change  in  the  material  of 
the  adapters.  The  torsion  fatigue  test  successfully  demonstrated  the  soundness  of  the  revised 
adapter  joint.  The  test  specimen  successfully  completed  ten  million  cycles  under  design  torque 
loading  conditions  with  15  percent  alternating  load.  Then,  the  alternating  load  was  increased 
to  25  percent,  and  the  test  continued  for  another  fifteen  million  cycles.  At  this  point,  the 
alternating  load  was  increased  to  45  percent,  and  the  test  continued  to  an  intentional  failure, 
which  occurred  after  1 .58  million  cycles  at  this  loading.  Failure  occurred  after  a  total  of  26.6 
million  cycles. 

The  torsion  fatigue  test  specimen  was  disassembled  after  the  intentional  failure  for  inspection 
and  analysis.  The  initial  failure  occurred  at  a  standard  rivet,  traveled  along  the  shaft  fatigue 
surface  to  the  tube  surface  at  the  edge  of  the  adapter,  and  then  proceeded  in  a  normal  45° 
torsional  (shear)  failure  around  the  shaft.  Secondary  failures  occurred  from  the  initial  rivet 
hole  to  the  special  3/8-inch-diameter  rivet  and  in  the  opposite  direction  toward  the  adjacent 
1 /4-inch-diameter  rivet.  This  was  a  normal  torsion  fatigue  failure. 

The  coned  surfaces  which  provide  alignment  of  the  adapter  joint  were  completely  free  of 
damage.  The  fretting  problem  which  was  present  in  the  previous  design  at  the  contacting 
surfaces  had  been  corrected. 

The  new  design  has  demonstrated  an  adequate  safety  margin  to  proceed  with  confidence  to  a 
flight  test  program  as  originally  outlined. 


CONCLUSIONS 

The  coned  surfaces  used  for  alignment  of  the  shaft  adapters  performed  their  intended 
function.  Match  marks,  while  accomplishing  the  alignment  of  the  parts,  could  be  troublesome, 
and  a  more  positive  arrangement  should  be  considered  for  future  designs.  Joints  that  will 
assemble  only  in  one  position  are  preferable. 
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The  high  torque  used  to  assemble  the  cone  surfaces  across  the  spline  accomplished  the  desired 
result  of  aligning  the  parts  and  of  preventing  fretting  of  these  parts.  Standard  wrenches  were 
incapable  of  applying  the  torque,  and  special  wrenches  had  to  be  developed.  Difficulty  was 
encountered  in  removing  the  nut  for  disassembly  even  with  the  special  wrenches. 


The  splined  adapter  joint  was  adequate  for  the  severe  bending  and  loads  imposeu  by  a  crooked 
and  unbaf  ed  shaft.  This  joint  may  not  require  the  amount  ot  torque  used  to  assemble  it  and 
still  remain  free  of  the  fretting  problem.  Tests  to  determine  the  appropriate  value  tor  assembly 
torque  may  be  required.  Installation  torques  could  in  all  probability  be  reduced  if  shaft  design 
loads  were  not  exceeded. 


The  adapter  joint  at  the  damper  must  carry  the  steady  torque  ot  the  drive  system  together 
with  the  alternating  torque  component.  It  must  carry  the  bending  loads  ol  the  supercritical 
speed  shaft  and  is  also  subjected  to  loads  from  the  damper  and  bearing.  The  combination  of 
loading  at  this  fitting  produces  fretting  of  the  joining  surfaces,  a  most  severe  and  troublesome 
design  condition.  The  adapter  joint  must  be  made  so  it  can  be  disassembled  and  reassembled 
without  disturbing  the  balance  of  the  shaft.  Therefore,  it  must  be  reassembled  with  exactly  the 
same  static  runout  characteristics  it  had  before  disassembly.  The  splines  must  engage  the  same 
teeth  relative  to  its  mating  part,  the  split-cone  washer  must  have  precisely  the  same  alignment, 
the  field  splice  must  be  assembled  with  match  marks  aligned,  and  assembly  torque  should  be 
consistent. 

Criteria  for  successful  operation  of  the  adapter  are; 

•  Adequate  Bending  Strength 

•  Adequate  Torsional  Strength 

•  Freedom  from  Fretting 

•  Precise  Alignment  (to  preserve  balance) 
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FULL-SIZE  SUPERCRITICAL  SPEED  SH  AFT  TEST 


SHAFT  SPECIMEN 

The  full-size  shaft  specimen  (see  drawing  in  Appendix  II)  was  designed  as  a  replacement  for  the 
standard  interconnect  shaft  used  between  the  combining  transmission  and  the  forward 
transmission  on  the  CH-47B.  It  carries  the  same  torque  and  turns  at  the  same  speeds.  The  shaft 
has  a  diameter  of  4.50  inches  and  a  wall  thickness  of  0.120  inch  with  a  2024  T3  extruded 
aluminum  alloy  tube.  The  distance  between  the  centers  of  the  couplings  at  each  end  of  the 
shaft  is  338.5  inches  (see  Figure  44).  The  flexible  metal  coupling  plates  are  attached  to  the 
shaft  with  three  bolts  into  standard  adapters  which  are  riveted  to  the  shaft  with  24 
quarter -inch  aluminum  rivets  (see  Figure  45).  The  dampers  are  attached  as  shown  in  Figures 
46.  47,  and  48.  The  shaft  is  necked  down  at  these  areas  to  allow  a  smaller  diameter  bearing  to 
be  used.  The  D/N  value  (diameter/speed)  of  the  bearing  is  near  the  upper  limit  for 
grease-lubricated  applications.  Torque  is  carried  through  the  adapters  by  fine-tooth  splines 
which  are  made  of  steel.  Added  strength  is  required  for  retaining  nut  threads  in  this  area  as 
well.  The  coned  adapters  are  sized  for  adequate  strength  with  special  attention  being  directed 
to  maintaining  the  stiffness  of  the  section  equal  to  or  greater  than  the  tube  itself.  In  other 
words,  the  adapter  section  at  the  dampers  was  designed  to  carry  bending  loads  through  the 
joint  with  no  change  in  stiffness.  Two  complete  shaft  assemblies  were  fabricated. 

After  completion  of  the  prior  contract,  the  test  specimen  was  inspected,  and  severe  fretting 
was  discovered  on  the  highly  loaded  surfaces  which  carry  the  bending  loads  through  the  joint. 
To  alleviate  or  remove  this  trouble,  the  joint  was  constructed  so  that  it  would  be  supported 
between  coned  surfaces  (similar  to  the  tapered  bearings  in  the  front  wheel  of  an  automobile). 
These  surfaces  provide  precise  alignment  in  an  axial,  lateral,  and  angular  direction  at  the  same 
time  (see  Figure  46).  The  joint  must  be  absolutely  free  of  flexing  or  relative  motion  to 
eliminate  fretting.  Also,  the  joints  must  be  reassembled  in  exactly  the  same  position  if  proper 
balance  of  the  shaft  is  to  be  maintained.  The  cone  surface  on  one  side  of  the  spline  is  matched 
by  the  cone  surface  of  the  adapter  and  split  cone  washer  on  the  other  side  to  provide  this 
alignment.  The  very  high  torque  used  will  assure  that  tension  will  always  be  maintained 
through  the  joint  regardless  of  the  bending  present  under  normal  operating  conditions. 

The  supercritical-speed  shaft  test  specimen  was  assembled  using  extruded  tubes  as  they  came 
from  the  mill.  The  initial  bend  of  0.005  inch  per  foot  of  length  was  about  one-half  the 
allowable  bend  according  to  the  specification.  No  attempt  was  made  to  straighten  the  bend  at 
this  time.  Special  tools  were  used  to  buck  the  rivets  inside  the  long  tubes;  otherwise,  standard 
assembly  procedure  was  used  throughout.  After  the  first  damper  failure,  the  tubes  were 
straightened  by  physically  bending  them  beyond  the  yield  point.  The  total  correction  was 
made  by  bending  at  three  stations  where  each  station  made  part  of  the  correction.  Slight  final 
corrections  were  made  at  the  point  of  deflection  only.  Maximum  runout  after  straightening 
was  less  than  0.020  total  indicator  reading  (TIR)  at  any  point  on  the  shaft.  The  straightened 
shaft  was  run  for  a  series  of  tests  until  the  second  damper  failed.  This  failure  was  attributed  to 
excessive  motion  caused  by  the  crank  action  remaining  after  the  tubes  were  straightened. 
Crank  action  is  possible  in  straight  shafts  if  the  flanges  joining  the  sections  are  not  square.  The 
flanges  were  out  of  square  from  0.01  3  to  0.01 7  TIR.  They  were  ground  square  with  the  shaft 
supported  between  centers;  runout  then  was  less  than  0.0005  inch  at  any  point.  After  the 
tubes  were  straightened  and  the  flanges  ground,  the  shaft  ran  to  top  speed  without  exceeding 
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Figure  46.  Shaft  Adapter  -  Sectional  View. 
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Figure  48.  Splined  Adapter  Assembly  Procedure. 
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the  limit  bending  stress  even  without  balance  weights.  Balance  was  brought  to  an  acceptable 
level  with  the  addition  of  weights.  The  measured  runouts  from  all  test  specimen  are  given  in 
Figures  49  through  53. 

BALANCE  WEIGHTS 


The  balance  weights  were  located  on  raised  pads  of  glass-reinforced  plastic  that  were  machined 
concentric  with  the  outside  diameter  of  the  shaft.  Each  pad  was  0.050  inch  thick  and 
completely  covered  the  strain  gage  wire  packs  along  the  longitudinal  centerline  of  the  shaft. 
Each  pad  was  4.600  inches  in  diameter  and  was  wide  enough  to  accommodate  three  or  four 
balance-weight  assemblies.  The  balance  weights  were  made  of  steel  blocks  and  were  secured  to 
the  shaft  by  NAS  tension  bolts  through  a  heat-treated  steel  strap.  A  flat  square-radius  washer 
was  used  to  assure  equal  distribution  of  stresses  (see  Figure  54).  The  steel  strap  was  formed  so 
tightening  the  bolt  would  provide  initial  tension  sufficient  to  hold  the  weight  in  place  under 
centrifugal  forces  of  rotation.  A  T-shaped  spacer  was  fitted  between  the  tangs  of  a  steel  strap 
to  assure  a  positive  angle  and  to  reduce  the  stresses  caused  by  the  centrifugal  loads  of  the 
balance  weight. 

The  balance  weights  could  be  adjusted  for  any  phase  angle  and  amount  of  weight  by  simply 
slacking  off  the  retaining  bolt  and  repositioning  the  weight  assembly.  If  two  weight  assemblies 
were  installed  180  degrees  apart,  the  center  of  gravity  of  the  shaft  section  would  not  be 
changed.  If  they  were  aligned  at  the  same  angle,  the  unbalance  would  be  equivalent  to  the  sum 
of  the  two  weights  (100  grams).  The  balance-weight  mass  was  located  2.65  inches  from  the 
shaft  centerline. 

Any  desired  balance  weight  could  be  obtained  by  adjusting  the  angle  between  the  two  weight 
assemblies  from  1 80  degrees  to  0  degrees.  The  effective  weight  lay  on  the  bisector  of  the  angle 
between  the  weights  and  could  be  located  at  any  phase  desired.  When  more  weight  was 
required,  it  was  located  as  a  single  mass  at  the  desired  phase,  and  then  the  two  additional 
weight  assemblies  were  adjusted  until  the  total  equaled  the  desired  balance  weight. 

The  table  and  diagram  in  Figure  55  show  the  magnitude  of  the  balance  weight  obtained  for 
various  angles. 

THE  BENCH  TEST  MACHINE 

The  bench  test  machine  FT  3590  (Boeing  Number  X95137)  (see  Figure  56)  is  a  four-square 
regenerative  test  unit  composed  of  a  high-speed  shaft  (the  test  specimen),  a  low-speed  shaft,  a 
torquing  device,  two  end  gearboxes,  and  a  variable-speed  power  source.  Torque  in  the 
high-speed  test  shaft  is  reacted  by  the  torque  locked  in  the  low-speed  shaft  through  the  end 
gearboxes.  In  this  way  the  required  power  is  only  that  which  is  needed  to  overcome  friction 
and  gear  losses.  The  locked-in  torque  is  not  supplied  by  the  driving  motor.  The  low-speed  shaft 
is  made  up  of  short  solid-steel  segments  connected  with  gear-type  couplings  and  supported  on 
standard  pillow  blocks.  It  contains  a  Houdaille  rotary  hydraulic  actuator  with  a  capacity  of 
71 ,000  inch-pounds  torque  joining  two  of  the  segments.  This  torque  is  equivalent  to  30,600 
inch-pounds  in  the  high-speed  shaft.  Torque  can  be  added  to  the  system  by  changing  the 
relative  angular  position  of  the  shaft  segments  by  applying  hydraulic  pressure  to  the  unit 
through  a  rotary  union  while  the  shaft  is  turning.  The  torque  in  the  test  specimen  is  monitored 
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Figure  50.  Initial  Bend  After  Straightening  -  Serial  2A 


Figure  51.  Initial  Bend  After  Straightening  and 
Machining  -  Serial  2B. 
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Figure  54.  Balance  Weight  Assembly. 
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Figure  55.  Balance  Weight  Chart. 
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with  precalibrated  strain  gages.  Under  full  torque,  the  breakaway  friction  of  the  test  machine 
was  so  great  that  the  machine  could  not  be  started;  therefore,  the  load  was  applied  after  the 
test  machine  was  in  motion.  The  power  available  is  adequate  to  run  the  machine  under  the 
design  torque  after  the  lubricating  film  is  established. 

The  gearboxes  on  each  end  have  a  2.3194  stepup  ratio  through  the  gears.  Each  box  has  an 
external  oil  system  for  lubrication  and  cooling.  The  oil  system  has  a  reservoir  of  50  gallons  and 
operates  under  10-  to  15-psi  pressure.  It  circulates  30  gallons  per  minute  with  up  to  100,000 
BTU-per-hour  cooling  capacity  (A  T  =  20°  F).  The  high-speed  shaft  is  connected  to  the 
gearboxes  with  multiple  plate  couplings  at  the  end  adapters  similar  to  the  couplings  used  to 
install  the  shaft  in  the  aircraft.  The  position  of  the  end  adapters  can  be  shifted  to  simulate 
axial  motions’ resulting  from  fuselage  deflections  in  flight  and  landing  conditions. 

Power  to  turn  the  machine  is  supplied  by  a  variable-frequency  power  supply  with  an  output  of 
up  to  180  kilowatts,  0.9  pf,  at  400  to  600  cycles  per  second.  A  manual  means  of  controlling 
frequency  from  5  to  60  cycles  per  second  is  provided.  Automatic  control  is  provided  for  the 
frequency  range  between  60  and  600  cycles  per  second.  Adjustment  steps  of  0.5  cycle  are 
possible.  Voltage-to-frequency  ratio  is  held  constant  within  a  range  of  plus  or  minus  0.5 
percent.  Power  output  is  constant  from  400  to  600  cycles  per  second.  The  equipment  is 
capable  of  an  output  of  1 50  percent  of  the  rated  load  for  a  period  of  5  minutes. 


Figure  56.  Bench  Test  Machine. 

The  supply  contains  all  components,  controls,  and  accessories  necessary  for  operation  from  a 
single  power  input  of  2,400  volts  (plus  or  minus  5  percent),  3  phase,  and  60  cycle.  The  power 
supply  consists  of  two  motor  generator  sets,  an  ac  motor  controller,  frequency  regulation 
system,  voltage  regulation  system,  and  miscellaneous  control  accessories.  A  250-horsepower 


76 


600-cycle  three-phase  induction  motor  that  will  turn  up  to  3,950  rpm  will  drive  the  test 
machine  directly  through  the  low-speed  shaft.  The  power  and  speed  of  this  output  motor  are 
supplied  by  the  variable-frequency  system  described  above.  The  high  speed  test  shaft  will 
operate  up  to  8,300  rpm  with  15,000  inch-pounds  maximum  continuous  torque.  The  adapters 
are  capable  of  applying  up  to  0.150  inch  compressive  deflection  at  each  end. 

DAMPER  SUPPORTS 


Simulated  aircraft  structure  is  used  to  support  the  dampers  in  the  test  machine.  Horizontal 
loads  in  the  aircraft  are  transferred  directly  to  the  crown  skin  in  shear,  and  this  load  path  is 
quite  rigid.  Vertical  loads  in  the  aircraft  are  taken  by  two  stainless-steel  beams  and  thereby 
transferred  to  the  aircraft  frames.  This  load  path  is  less  rigid.  To  simulate  the  aircraft  structure, 
the  same  stainless  steel  beams  are  used  to  support  the  dampers  in  the  test  machine.  The  ends  of 
the  beams  are  rigidly  attached  to  the  structure  of  the  test  fixture.  The  rigidity  in  the  aircraft 
horizontal  plane  is  simulated  by  restraining  the  damper  support  motion  with  a  flexure  at  n,; 
point.  (A  flexure  will  take  load  in  one  direction  but  will  allow  motion  in  the  other.)  The 
rigidity  in  the  aircraft  vertical  plane  is  simulated  by  allowing  the  steel  beams  to  carry  the  load 
in  the  same  manner  as  in  the  aircraft.  The  flexibility  of  the  aircraft  frames  has  not  been 
simulated. 

Figure  57  shows  the  center  damper  support  with  the  shaft  in  place.  The  vertical  direction  on 
the  test  machine  is  horizontal  on  the  aircraft. 


Figure  57.  Bench  Test  Damper  Structure. 
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INSTRUMENTATION 


The  bench  lest  instrumentation  package  was  constructed  to  obtain  data  from  the  balance  and 
endurance  test  as  well  as  from  the  flight  lest  ponkm  of  the  program  Part  of  the 
instrumentation  is  common  to  both  the  bench  and  flight  tests  The  recording  system  was 
designed  to  make  maximum  use  of  the  flight  test  digital  data  system. 


Data  obtained  from  the  bench  test  program  include 

Shaft  index  or  onc-per -revolution  indication  as  a  sharp  blip 
Shaft  index  or  one-per-rcvolution  as  a  sine  wave  signal 
Number  of  revolutions  per  minute  from  an  electronic  counter 
Shaft  deflection  amplitude  from  optical  pickup  locations  along  Use  shaft 
Shaft  deflection  amplitude  from  a  proximity  pickup 
Vertical  and  horizontal  center  damper  motion 
Vertical  and  horizontal  end  damper  motion 
Inside  member  and  outside  member  center  damper  temperature 
Inside  member  and  outside  member  end  damper  temperature 
Shaft  strain  in  the  0/180  degree  and  +90/ -90  degree  planes  at  stations 
4.  IS.  17.  31.  and  32 
Shaft  torque  at  station  34 

Strain  pge  data  for  orbiting  end  load  magnitude  and  phase 


The  recording  system  for  the  bench  test  was  a  fourteen-track  tape  recorder,  the  same  system 
can  be  used  for  the  aircraft  test  A  narrow-band  direct-recording  technique  was  used  Twelve 
data  channels  were  multiplexed  to  each  magnetic  tape  direct-record  track  Solid-stale 
voltage-controlled  oscillators  and  wide-hand  record  amplifiers  were  used  in  the  multiplex 
Millivolt-controlled  oscillators  were  used  in  place  of  voltage-controlled  oscillators  where 
transducer  output  levels  were  compatible  A  wide-band  frequency  modulation  recording 
technique  recorded  parameters  that  controlled  coordination  of  data  between  narrow  band 
channels.  The  output  of  Wheatstone  Bridge  type  transducers  (strain  gages)  was  conditioned 
through  balance  modules  and  amplifiers.  The  amplifiers  were  eliminated  where  output  levels 
were  sufficient  to  drive  millivolt-controlled  oscillators  An  automatic  standardization  system 
was  incorporated  into  the  instrumentation  system.  This  system  was  required  to  coordinate 
bench,  aircraft,  and  ground  station  sensitivities  and  to  correct  for  system  drift  during  testing 
Time  code  correlation  was  prerecorded  on  the  tape.  An  oscillograph  record  was  used  for  detail 
interpretation  and  analysis  during  part  of  the  bench  test  program  An  X-Y  plotter  was  used  to 
display  and  record  amplitude  versus  rpm  during  the  balance  tests.  An  oscilloscope  was  used  for 
monitoring  purposes 


Accelerometers 
Accelerometers 
Amplifiers  Jc 
Amplifier  rack 
Strain  gage  power  supply 


Piezo  Electric  -  Endevco  2272 
Unbonded  wire  -  Slat  ham  A5-2-3SO 
NEFF  model  1-200  or  equivalent 
NEFF  model  1-00$  (6  channel  or  equivalent) 
NEFF  model  2-302 
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Voltage  controlled  oscillator 

Sonex  model  TEX3095HC 

Summing  amplifiers 

Sonex  model  TEX  3295H 

Mounting  chasis  for  VCO’s 

Sonex  model  TEX  4095HS 

Reference  oscillator 

Sonex  model  TEX  3495H 

Magnetic  tape  transport 

Ampex  with  electronics 

Balance  panel  conditioner 

24  channel  B  &  F 

Charge  amplifier 

Endevco  model  2640 

Low  pass  filter 

UTC  -  LPM  200 

Record  coder 

Record  identification 

Pulse  shaping  network 

Data  correlation 

Standardization  system 

Vertol  Division 

Transducer 

Electro  721856 

Optical  pickup 

Vertol  (shaft  deflection) 

Optical  pickup 

Vertol  (shaft  index  -  sine  wave) 

Magnetic  pickup 

(Shaft  index  —  sharp  blip) 

Proximity  pickup 

Wayne-Kerr  DM  100 

Electromagnetic  shaker 

Calidyne  Manufacturing  Co.  model  44 

Phase  meter 

ACTON  Lab  Inc.  model  320  AB 

Oscillograph 

Consolidated  Electrodynamics  Corp.  model  5-124 

X-Y  plotter 

F.  L.  Mosley  Co.  model  2  DR 

Temperature  recorder 

Barber-Colman  Co.  series  8000 

Oscilloscope 

Tektronix  Dual  Beam  type  502 

Optical  Pickup 

A  number  of  methods  were  available  to  determine  the  performance  of  the  shaft.  Deflection 
was  the  most  apparent  method,  and  a  system  was  developed  to  monitor  the  amplitude  of  the 
deflected  loops  on  the  shaft  without  touching  or  disturbing  the  surface.  An  optical  system  was 
used  wherein  a  shadow  of  the  shaft  fell  on  a  light-sensitive  element  of  a  solar  cell.  The  solar  cell 
was  substituted  for  the  photocell  used  in  the  previous  program,  because  the  solar  cell 
permitted  the  use  of  solid-state  elements  in  the  circuit.  The  position  of  the  shaft  determined 
the  amount  of  light  striking  the  cell  and  changed  the  voltage  in  the  system.  The  change  in 
voltage  was  calibrated  by  using  a  micrometer  to  move  an  obstruction  across  the  light  beam  and 
throw  a  shadow  on  the  solar  cell  element.  The  shadow  simulates  shaft  displacement.  Figure  58 
shows  a  chart  of  calibration  response  and  a  schematic  of  the  electronic  circuit  used.  The 
optical  pickup  unit  (see  Figure  59)  was  mounted  on  a  track  located  parallel  to  the  test  shaft  so 
that  it  could  traverse  the  full  length  of  the  shaft  and  define  the  mode  shapes  by  measuring  the 
deflection  amplitudes  as  it  progressed.  The  phase  of  the  deflection  can  be  obtained  by 
comparing  the  phase  of  the  deflection  signal  with  the  phase  of  the  index  signal  from  the  end  of 
the  shaft. 

TEST  PROCEDURE 

The  test  program  covers  two  general  areas:  a  forced  response  shape  and  frequency  check,  and 
the  balancing  of  the  shaft. 
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Figure  59.  Optical  Pickup  Trolley. 


For  Ihc  forced  response  shape  and  frequency  check,  the  test  specimen  was  excited  in  a 
horizontal  plane  and  the  frequency  was  adjusted  until  a  resonant  condition  existed  All 
resonant  frequencies  below  ISO  cycles  per  second  were  investigated.  The  optical  pickup 
instrument  was  moved  along  the  track  at  each  resonant  frequency  to  record  the  deflected 
shape  Phase  between  the  forcing  function  (shaker  load)  and  shaft  deflection  was  noted  by 
phase  meter  as  the  record  was  made  of  the  deflected  shape. 

Before  any  rigid  shaft  can  be  balanced,  the  amount  of  unfalancc  present  and  the  position  of 
the  unbalance  must  He  determined.  A  standard  shall  can  be'  balanced  by  adding  a 
compensating  (balance)  weight  at  a  predetermined  station  and  adjusting  the  amount  of  the 
weight  and  its  angular  position  so  the  mass  center  and  the  geometric  center  coincide. 

Balancing  a  flexible  shaft  is  more  complex  than  balancing  a  rigid  one,  but  the  same  basic 
factors  must  be  considered.  The  purpose  of  these  tests  was  to  reduce  the  reaction  to  the 
structure  to  a  minimum  by  applying  balance  weights  so  that  the  mass  center  and  the  geometric 
center  coincide. 

The  phase  and  amplitude  of  shaft  deflection  were  measured  and  this  information  related  to  the 
unbalance.  Shaft  performance  was  monitored  in  different  ways;  the  instrumentation  used 
depended  on  the  way  selected.  Amplitude  was  measured  by  the  optical  or  proximity  pickup. 
Phase  was  measured  by  comparing  the  phase  of  the  signal  in  question  with  the  phase  of  an 
index  signal.  End  load  was  measured  by  strain  gages  on  the  restraining  links  at  the  end  bearing 
support.  Shaft  bending  was  obtained  directly  from  strain  gages  on  the  shaft  or  by  calculations 
using  shaft  deflection  measurements.  Mode  shape  was  obtained  by  measuring  magnitude  and 
phase  of  deflection  at  various  shaft  stations  along  the  length.  Damper  motion  was  read  directly 
from  accelerometers  mounted  to  the  damper  components  in  two  planes  and  from  optical  or 
proximity  pickup  instruments.  The  information  from  these  signals  was  compared  and  used  to 
generate  other  data  useful  to  the  program.  Dangerous  operation  is  associated  with  excessive 
deflection,  loads,  stresses,  motions,  temperatures,  etc.  Safety  limits  were  established  for  these 
areas,  and  the  limits  were  not  exceeded  during  the  test.  Since  deflection  is  the  most  apparent 
indication  of  shaft  performance,  the  acceptable  deflection  limit,  as  related  to  bending  stress  in 
the  shaft,  was  calculated  for  various  speeds  and  modes  of  operation. 


Estimated 

Critical 

Approximate 

cps 

Approximate 

rpm 

Limit  Deflections 
Measured  at  Station 

4  (inches) 

Orbit  End 
Load (pounds) 

2nd 

22.5 

1,350 

0.159 

118 
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0.1 10 
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Sth 
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Figure  60  i*  a  standard  formal  for  prrvnting  deflection  data  versus  rotational  speed  a  limit 
deflection  line  is  included  ax  a  guide  and  safety  fartor  This  figure  aho  shows  the  end  load  limit 
line  versus  rotational  speed  The  limit  line  for  deflection  and  load  was  calculated  using  2300 
psi  shall  bending  as  the  criterion  The  derivation  of  limits  is  explained  in  the  stress  section 

The  specimen  was  installed  in  the  ruchine  for  the  test,  and  the  appropriate  instrumentation 
was  activated  The  speed  of  rotat  on  was  controlled  and  the  performance  monitored  If  the 
shaft  pci.'cimcd  within  limits,  the  speed  was  carefully  increased  The  test  was  discontinued 
when  any  of  the  monitored  signals  reached  a  prccstablishcd  limit  Test  data  and  balance  theory 
indicated  the  position  and  magnitude  of  the  balance  weights  The  test  was  continued  to  gather 
more  data  and  improve  performance  until  satisfactory  operation  was  demonstrated 

Mode  shape  data  is  a  necessary  part  of  the  program,  and  the  test  procedure  was  modified 
slightly  to  obtain  it.  When  mode  stupes  were  desired  at  specific  speeds,  the  shaft  speed  was 
held  constant,  and  the  deflection  was  recorded  by  moving  the  optical  pickup  from  one  end  of 
the  shaft  to  the  other.  The  nodes  and  antinodes  were  apparent  on  the  plot  of  amplitude  versus 
shaft  station  Phase  was  obtained  by  comparing  the  phase  of  the  deflection  signal  with  the 
phase  of  the  index  signal,  the  same  technique  was  used  for  determining  phase  as  was  used  for 
the  amplitude  versus  rpm  investigation. 

TEST  RESULTS 

This  section  deals  with  the  vibrated  response  of  the  dynamic  system.  The  shaft  was  installed  in 
the  test  machine  with  the  flexible  plate  couplings  at  each  end  and  with  the  dampers  acting.  A 
dynamic  shaker  applied  force  at  shaft  station  4  in  a  horizontal  plane,  and  the  response  of  the 
shaft  was  then  measured.  Figure  61,  a  plot  of  a  frequency  sweep  with  the  response  at  the 
shaker  input  position,  indicates  the  calculated  natural  frequencies  and  the  operational  speeds 
of  the  system. 

A  phase  meter  was  used  for  the  signals  of  shaker  motion  and  force.  A  resonant  frequency  is 
indicated  when  these  two  signals  arc  separated  by  90  degrees.  A  90-degree  phase  difference  did 
not  occur  at  each  critical  as  expected,  which  made  determining  resonant  frequencies  difficult. 
The  frequencies  used  for  mode  shapes  were  selected  when  the  phase  most  nearly  approached 
the  90-degree  position. 

Figure  62  shows  the  forced  response  along  the  length  of  the  shaft.  The  envelope  for  these 
diagrams  was  obtained  by  measuring  the  alternating  signal  from  the  optical  pickup  instrument 
as  it  moved  the  length  of  the  shaft.  The  frequency  and  phase  of  the  force-motion  signals 
appear  opposite  each  diagram.  The  solid  line  shows  a  probable  mode  shape. 

Shaft  serial  number  2,  manufactured  with  the  bend  shown  in  Figure  49,  was  placed  in  the  test 
machine.  The  instruments  and  controls  were  checked  out,  and  the  amplitude  was  monitored 
by  watching  the  signal  width  displayed  and  recorded  on  the  oscillograph  tape.  Figure  63  shows 
the  results  of  the  first  attempt  to  run  the  shaft  through  a  critical  speed.  The  test  was 
discontinued  when  the  amplitude  exceeded  the  established  limit  or  2300  psi  bending  stress. 
Balance  weights  would  have  to  be  added.  The  phase  on  this  diagram  at  1,200  rpm  is  90 
degrees.  This  speed  is  below  the  calculated  critical,  and  it  is  assumed  the  phase  will  shift 
rapidly  as  the  critical  is  approached.  The  phase  angle  is  assumed  to  be  +55  degrees  when  the 
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Figure  60.  Standard  Format  for  Presenting  Deflection  Data 
Versus  Rotational  Speed. 


AMPLITUDE  (INCHES) 


Figure  61.  Displacement  Versus  Frequency  (Vibrated). 
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Figure  63.  Test  5  -  No  Balance  Weights  -  Serial  2. 
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speed  of  rotation  reaches  the  calculated  or  resonant  frequency  at  1 ,290  rpm.  Experimental 
balance  weights  were  therefore  placed  90  degrees  behind  this  phase.  Balance  weights  of  10 
grams  were  installed  at  station  8  and  station  24  to  observe  the  effect  on  shaft  performance. 
The  small  improvement  noted  indicated  that  much  larger  balance  weights  would  be  required. 
They  were  arbitrarily  increased  to  1 00  grams  each. 

Figure  64  shows  the  first  run  to  pass  the  second  resonant  frequency  at  1 ,290  rpm.  Data  from 
other  instiumentation  gathered  during  the  test  run  are  plotted  along  with  the  deflection  to 
show  the  general  relationship  of  data  from  various  sources.  The  damper  motion  can  be 
determined  from  the  lateral  acceleration  of  the  damper  body  and  the  structure.  It  is  possible  to 
calculate  the  damper  load  by  applying  the  known  damping  coefficient  to  this  motion  along 
with  the  frequency.  A  damping  coefficient  of  18  pounds  per  inch  per  second  was  used  in 
plotting  the  points. 

Weights  were  installed  according  to  the  analytical  balance  approach  developed  under  the 
previous  test  program  using  the  vibrated  mode  shapes  (see  Figure  62).  The  shaft  was  not 
balanced  well  enough  to  pass  the  second  critical  speed  with  this  approach  (see  Figure  65).  A 
comparison  of  the  balance  weights,  as  suggested  by  the  computer  program,  with  those  found 
to  be  successful  by  use  of  the  experiemental  approach  indicates  that  the  weight  at  station  8  is 
at  an  incorrect  angle  to  correct  the  deflection.  The  input  data  were  reviewed,  and  a  further 
attempt  at  balancing  the  shaft  using  the  analytical  approach  was  made  later. 

A  series  of  runs  was  made  with  the  two  100-gram  weights  located  at  various  phase  angles.  The 
weights  at  station  8  were  placed  180  degrees  opposite  the  weights  at  station  24  for  each  test. 
Figure  66  is  a  plot  of  amplitude  versus  frequency  for  a  number  of  test  runs  where  the  angle  of 
balance  weight  has  been  changed.  It  is  apparent  which  angle  produces  the  best 
performance-minimum  deflection. 

Figure  66  contains  an  overlay  of  a  series  of  tests  which  contained  weights  from  150  to  300 
grams  distributed  equally  at  the  antinodes  of  the  second  critical  mode  and  positioned  at  the 
best  angle  found  in  the  previous  test  series.  Selecting  the  best  angle  for  a  balance  weight 
through  a  series  of  runs  where  the  angle  has  been  the  variable  and  then  optimizing  the  amount 
by  a  series  where  the  weight  is  the  variable  is  typical  of  the  approach  used  for  improving  the 
performance  of  the  supercritical-speed  shaft .  The  rationale  used  for  this  approach  to  balancing 
is  that  the  deflection  in  the  shaft  occurs  90  degrees  behind  the  unbalance  (forcing  function)  at 
the  critical  speed  and  that  the  mode  shape  is  the  same  as  predicted  by  the  calculations. 

A  series  of  tests  was  run  to  investigate  the  most  effective  distribution  of  weights  between  the 
balance  planes.  First,  the  weights  were  proportioned  and  placed  opposite  the  initial  bends. 
Next,  the  weights  were  proportioned  according  to  the  initial  bends  but  placed  at  the  optimum 
angle  as  determined  by  tests.  Then  the  weights  were  equally  divided  between  the  stations  and 
placed  at  the  optimum  phase  angle  as  determined  by  dynamic  deflection  under  test  conditions. 
Weights  placed  by  this  system  produced  the  best  results  across  the  speed  range  tested.  Further 
tests  were  conducted  on  analytically  determined  balance  weights.  The  weights  calculated  by 
the  analytical  approach  failed  to  balance  the  shaft. 

Figure  67  shows  deflection  at  -1 70  degrees  at  station  4  when  the  speed  reached  5,200  rpm. 
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With  the  mode  shape  in  Figure  68,  fourth-secondary  5,166-rpm  deflections  at  stations  8  and 
24  would  be  +10  degrees.  Balance  weights  should  therefore  be  placed  90  degrees  behind  the 
deflection,  or  at  -80  degrees  on  both  stations.  Adding  20  grams  at  stations  8  and  24  and  then 
adding  vectorially  to  obtain  the  new  angles  and  new  weights  for  the  test  in  Figure  67  gives  145 
grams  at  -63  degrees  and  1 05  grams  at  +1 25  degrees. 

Results  show  the  same  angle  and  about  the  same  amplitude  at  5,200  rpm  as  before  adding  the 
weights.  This  is  improbable  with  this  much  weight  (40  grams).  If  the  mode  shape  is  correct,  40 
grams  would  have  a  tremendous  balancing  effect.  However,  if  the  mode  shape  is  reversed  on 
the  aft  portion  of  the  shaft  as  shown  in  Figure  69,  the  weight  at  station  8  will  counteract  the 
weight  at  station  24,  and  the  result  will  be  no  change  in  shaft  performance  at  this  speed. 
Therefore,  the  mode  must  be  different  from  that  shown  in  the  first  figure. 

In  subsequent  tests,  with  balance  weights  located  according  to  the  revised  mode  shapes,  the 
shaft  responded  by  changing  phase  and  amplitude  as  expected.  This  information  points  to  the 
need  for  more  accurate  mode  shapes. 

A  summary  plot,  Figure  70,  was  made  of  test  35  in  Figure  67  for  comparison  with  the 
summary  from  test  10  in  Figure  64.  The  summary  plot  shows  the  damper  load  to  be  excessive 
at  several  places. 

The  damper  at  shaft  station  32  failed  at  5,200  rpm  during  the  test  as  shown  in  Figure  71. 
Shutdown  was  accomplished  with  the  center  damper  providing  control  of  the  shaft.  No 
damage  was  visible  on  the  exterior  surfaces  of  the  damper.  The  only  indications  of  failure  were 
the  performance  of  the  shaft  and  an  oily  residue  left  by  the  damper  fluid.  Shaft  amplitude  at 
the  second  critical  went  beyond  the  allowable  value  on  shutdown.  After  the  failure,  the  shaft 
was  again  accelerated  carefully,  and  when  the  amplitude  approached  the  limit  near  the  second 
critical,  the  test  was  discontinued  (see  Figure  71).  The  conclusion  was  that  the  damper 
characteristics  had  changed,  and  the  damper  was  removed  for  careful  inspection  by  the 
manufacturer.  The  unit  demonstrated  no  measurable  damping  when  placed  on  the  damper  test 
machine.  The  elastomer  had  failed,  allowing  damper  fluid  to  escape  to  the  atmosphere  (see 
Figure  72).  Upon  disassembly,  a  failure  of  the  diaphragm  making  up  the  dual  chamber  was  also 
noted  (see  Figure  73).  A  small  screw  was  placed  in  the  break  in  the  diaphragm  to  separate  the 
parts  for  the  photograph. 

Investigation  was  directed  to  find  a  reason  for  the  failure.  The  running  time  for  each  test  was 
not  over  a  few  minutes, aYid  the  total  time  on  this  particular  part  was  only  a  few  hours  at  most. 
Tire  endurance  run  on  the  damper  (a  separate  test  of  the  damper  alone)  had  just  been 
completed;  the  damper  was  tested  at  top  speed  for  over  24  continuous  hours.  Therefore,  our 
test  conditions  must  have  been  more  severe.  Motion  in  excess  of  that  designed  for  the  dynamic 
system  was  present  at  the  damper  (see  Figure  64).  The  initial  bend  (crank  effect)  of  the  shaft 
as  manufactured  caused  a  working  of  the  damper  elastomeric  sections,  and  to  eliminate  this 
undesirable  condition,  the  shaft  had  to  be  straightened.  Figure  49  gives  runout  measurements 
made  of  the  original  shaft  assembly  as  manufactured  (serial  number  2).  However,  no 
measurements  were  made  of  the  motion  at  the  damper  stations.  Figure  50  gives  runout 
measurements  made  of  the  same  shaft  after  straightening  (serial  number  2A).  It  should  be 
noted  the  runout  was  still  present  at  the  damper  positions  (0.01 6  and  0.028  respectively),  but 
it  was  decided  to  test  this  configuration  since  the  balance  procedure  should  normally  tend  to 
reduce  the  runout. 
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Figure  71.  Tests  45  and  46  -  Serial  2  (Damper  Failure) 


Figure  72.  Damper  Failure  -  External. 


Figure  73.  Damper  Failure  -  Internal. 
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A  spare  damper  was  installed,  the  shaft  was  assembled,  and  the  tests  continued.  The  series  of 
tests  to  check  the  instrumentation  with  the  straightened  shaft  (serial  number  2A)  and  to 
balance  the  second  critical  speed  of  this  new  configuration  followed.  The  series  of  tests  in 
Figures  74  and  75  covered  an  attempt  to  balance  the  shaft  to  run  through  5,300  rpm,  which 
proved  to  be  a  very  troublesome  fifth  critical  speed. 

In  the  course  of  the  investigation  to  balance  the  shaft,  a  vibration  study  on  the  test  machine 
indicated  a  damper  structural  resonance  close  to  the  troublesome  frequency.  It  was  decided  to 
remove  the  flexibility  of  the  simulated  aircraft  structure  and  see  if  the  performance  would 
improve.  Figure  76  shows  shaft  performance  before  and  after  stiffening  the  structure.  The  plot 
of  amplitude  shows  increased  deflection  at  the  second  critical  speed  (1,290  rpm)  and  a  new 
peak  at  a  speed  of  2,900  rpm.  There  is  a  gradual  phase  change  at  5,000  rpm.  The  conclusion 
from  the  first  run  with  increased  stiffness  at  the  damper  structure  is  that  the  effect  is 
significant  and  that  balance  at  the  second  critical  should  be  optimized  before  attempting  the 
more  difficult  problems  associated  with  the  fifth  critical. 

Tests  were  conducted  to  optimize  the  bala'ce  at  the  second  critical  speed  by  using  balance 
weights  at  four  stations. 

Experimental  adjustment  of  the  balance  weight  (see  Figures  77  and  78)  allowed  the  shaft  to 
pass  through  the  fifth  critical  at  5,300  rpm.  However,  difficulty  was  encountered  with 
excessive  deflections  at  6,000  rpm,  an  area  that  was  free  of  critical  speeds  according  to  the 
calculations.  A  study  of  rotated  mode  shapes  indicated  multiple-plane  bending  at  the  higher 
speeds.  Figures  79  and  80  show  a  number  of  mode  shapes  constructed  by  drawing  lines 
through  the  maximum  deflection.  The  phase  of  the  bend  in  the  shaft  is  shown  by  a  small  bar 
drawn  from  the  center  of  the  section  view  included  at  the  stations  where  the  measurement  was 
taken.  The  plane  was  not  constant  along  the  shaft  as  originally  supposed.  Consistent  results 
were  obtained  on  repeat  tests.  Those  results  indicated  that  more  detailed  and  exact 
measurements  of  mode  shapes  should  be  made. 

The  damper  at  station  32  failed  while  running  at  5,840  rpm  to  obtain  the  mode  shape  near 
6,000  rpm.  The  mode  shape  was  being  investigated  to  find  the  reason  that  balance  weights 
were  not  correcting  the  deflection.  The  damper  failure  was  observed  as  a  fan-shaped  spray  of 
fluid  which  was  gone  in  a  fraction  of  a  second.  The  shaft  performance  did  not  seem  to  be 
adversely  affected  at  this  speed  by  the  failure,  and  the  mode-shape  test  run  was  completed.  On 
shutdown,  the  shaft  amplitude  reached  excessive  proportions  at  a  number  of  critical  speeds, 
and  the  shaft  deflected  sufficiently  to  hit  the  guards  installed  near  the  damper  support 
structure.  Contact  with  the  guards  marked  the  strain  gage  wire  pack  on  the  outside  of  the  shaft 
but  did  not  affect  their  operation.  The  shaft  was  removed  and  disassembled  to  check  the 
damper.  Again,  no  damage  was  apparent  by  normal  visual  inspection. 

This  second  damper  failure  should  not  have  been  caused  by  the  crank  action  of  the  shaft,  and 
the  investigation  into  the  cause  of  the  failure  was  directed  elsewhere.  The  runout  at  the 
damper  (0.028  peak  to  peak,  see  Figure  50)  was  within  the  allowable  tolerance  as  established 
by  the  bearing  load  limit  of  200  pounds  if  a  damping  coefficient  of  18  pounds/ips  is  used. 
However,  the  damping  coefficient  is  not  18  at  this  amplitude  and  frequency.  Figure  28 
indicates  that  the  damping  is  nonlinear.  The  actual  coefficient  from  this  chart  is  about  24  at 
5,200  rpm.  The  higher  coefficient  (as  explained  in  the  damper  test  section)  is  due  to  excessive 
shear  rate  on  the  damper  fluid  or  to  shock  wave  causing  a  pressure  expansion  of  the  elastomer 
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Figure  76.  Summary  Data  From  Tests  71  and  72  -  Serial  2A 
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90  degrees  ahead  of  the  damper  deflection.  This  expansion  out  of  plane  with  damper  motion 
caused  excessive  working  of  the  elastomer,  which  resulted  in  failure  of  the  damper. 

The  field  splice  flanges,  not  perfectly  square  after  the  shaft  was  straightened,  were  now 
machined.  A  true  surface  was  obtained  by  supporting  and  turning  the  shaft  segment  on  its 
centers.  The  mating  flanges  were  ground  square  within  0.0005  inch  total  indicator  reading 
(TIR)  using  this  setup. 

The  shaft  was  reassembled  using  a  new  damper.  The  initial  bend  (static  runout)  was  measured 
for  this  configuration  after  the  shaft  was  reinstalled  in  the  test  machine  (see  Figure  5 1 ).  A 
change  in  the  initial  bend  in  the  shaft  would  change  the  center  of  mass  and  therefore  would 
affect  the  balance  of  the  system.  All  balance  weights  were  removed  before  testing,  since  this 
change,  for  all  practical  purposes,  was  the  same  as  starting  with  a  new  shaft.  Tests  were  then 
run  to  progressively  refine  the  balance  using  the  experimental  approach  mentioned  earlier  and 
to  investigate  mode  shapes  in  more  detail.  Mode  shape  information  (Figures  81 , 82,  and  83), 
when  plotted  in  the  major  and  minor  planes,  disclosed  a  predominant  second  mode  present  in 
one  plane  at  much  higher  speeds  than  the  1 .290  rpm  resonant  frequency.  This  condition 
indicated  a  need  for  further  investigation. 

The  test  in  Figure  84  was  the  first  run  to  reach  the  target  speed  of  8.300  rpm.  The  shaft  was 
then  run  to  the  target  speed  of  8,300  rpm  without  balance  weights  (see  Figure  85).  The 
amplitude  at  the  second  critical  was  near  the  limit,  but  the  performance  of  the  unbalanced 
shaft  appeared  to  be  better  than  the  balanced  shaft  at  higher  speeds.  There  was  an  amplitude 
peak  near  6,700  rpm  which  analysis  revealed  to  be  a  combination  of  shaft  deflection  and  a 
secondary  signal  equal  to  the  frequency  of  the  low-speed  shaft  of  the  test  machine.  These  two 
signals  were  easily  separated,  and  the  maximum  deflection  was  found  to  be  caused  by  test 
machine  motion  rather  than  shaft  motion.  In  fact,  when  the  test  machine  motion  was 
removed,  the  remaining  shaft  deflection  was  so  small  that  it  could  no  longer  be  measured  by 
the  optical  pickup  instruments. 

Further  tests  were  run  using  the  more  sensitive  orbiting-end-load  link  instrumentation.  The 
data  from  a  test  where  the  optical  pickup  and  the  orbiting  end  load  instrumentation  were  used 
indicated  that,  while  the  deflection  remained  within  the  allowable  envelope,  the  end  load 
which  should  be  related  was  beyond  the  acceptable  limits.  For  this  test,  the  pickup  and  load 
links  were  located  in  such  a  way  that  the  phase  of  the  two  signals  should  have  been  the  same 
throughout  the  frequencies  tested.  The  phase  was  the  same  in  some  areas;  however,  it  varied  as 
much  as  150  degrees  in  others  (see  Figure  86).  The  load  on  the  end  was  severe  (800  pounds) 
and  had  to  be  reduced.  The  noise  level  of  the  shaft  and  test  machine  appeared  to  be  related  to 
the  high  end  load.  The  noise  built  up  when  this  load  increased  and  dropped  off  when  the  load 
decreased. 

The  strain  gages  at  shaft  station  4  were  used  to  measure  bending  stress.  A  comparison  of  shaft 
deflection,  orbiting  end  load,  and  bending  stress  in  the  shaft  is  presented  in  Figure  87.  The 
phase  of  these  signals  is  also  shown.  According  to  the  original  concept,  the  phase  of  these  three 
signals  should  be  the  same  and  the  magnitudes  should  be  related.  The  only  place  this  seemed  to 
hold  was  at  the  second  critical  speed  ( 1 .290  rpm).  Figure  88  shows  the  effect  of  10  grams  at 
shaft  station  1 1  located  at  various  phase  angles.  The  deflection  at  station  4  was  minimum  at 
the  fifth  critical  (5.300  rpm)  when  the  weight  was  located  at  a  phase  of  -15  degrees.  The  end 
load,  however,  was  minimum  when  the  weight  was  located  at  a  phase  of -75  degrees.  The  end 
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Figure  81.  Rotated  Mode  Shapes  -  Serial  2A. 
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Figure  85.  Deflection  Versus  Speed  to  8,300  RPM  -  Without  Weights. 
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Figure  86.  Deflection  and  End  Load  Versus  Speed. 
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Figure  87.  Deflection.  End  Load,  and  Strain  Versus  Speed. 
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Figure  88.  Effect  of  Balance  Weight  Phase  on  Deflection 
and  End  Load. 
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load  was  measured  in  two  strain-gage  links  restraining  the  pillow  block  which  supported  the 
end  of  the  high-speed  shaft.  When  a  circular  orbiting  load  was  present,  the  signals  had  equal 
displacement  and  there  was  a  phase  difference  between  them  of  78  degrees.  However,  the 
phase  relationship  changed,  and  Figure  89  presents  this  change  as  a  delta  phase.  A  O-degree 
phase  would  occur  if  the  load  were  vibrating  up  and  down  with  no  circular  component, and  a 
180-degree  phase  would  occur  if  the  load  were  vibrating  in  a  horizontal  plane  with  no  circular 
component.  A  constant  78-degree  phase  would  occur  if  the  pattern  for  the  orbiting  load  were  a 
true  circle.  If  the  load  were  describing  an  elliptical  pattern  which  was  not  oriented  in  the 
vertical  or  horizontal  plane,  the  signals  would  be  unequal  in  magnitude,  and  the  orientation  of 
the  elliptical  pattern  could  be  determined  by  measuring  the  changes  in  magnitude.  Analysis  of 
the  data  gathered  from  this  test  indicated  that  the  orbit  end  load  was  elliptical  at  times.  This 
was  substantiated  by  optical  pickup  data  gathered  by  placing  the  instrument  in  a  vertical  and  a 
horzontal  plane  (see  Figure  90). 

The  shaft  was  run  with  torque  and  without  torque,  and  the  dctlcction  was  plotted  (see  Figure 
91).  There  was  no  appreciable  difference  in  the  shaft  performance.  Figure  92  shows  shaft 
performance  when  measured  by  the  optical  pickup  located  in  a  number  of  planes.  Plots  of  the 
orbital  path  of  the  shaft  at  a  number  of  speeds  are  shown  by  sections  on  the  same  Figure.  Plots 
of  the  shaft  motion  at  the  dampers  (Figures  93  and  94)  show  similar  orbital  paths.  The  major 
axis  of  the  elliptical  planes  is  90  degrees  out  of  phase  between  the  dampers.  The  optical  pickup 
was  moved  the  length  of  the  shaft  to  obtain  the  deflected  shape.  Figure  95,  obtained  at  7,300 
rpm,  is  a  typical  example  of  the  test  results.  Mode  shapes  were  obtained  at  5,400, 6,000,  and 
7,300  rpm  as  shown  by  the  polar  plots  of  deflection  at  various  shaft  stations  at  these  speeds. 
Two  tests  were  run  at  each  of  these  speeds  for  repeatability  (see  Figures  96, 97.  and  98). 

The  major  and  minor  deflection  planes  as  determined  by  inspection  of  the  polar  plots  were 
used  to  construct  the  information  given  in  Figure  99.  The  plots  contain  a  predominant 
second-mode  shape  in  one  of  the  planes  at  all  three  speeds  selected.  Figure  100  shows  the 
mode  shapes  when  the  second  mode  component  is  removed.  It  shows  a  fairly  reasonable 
correspondence  with  the  calculated  mode  at  those  speeds.  Figure  101  shows  deflection  of  the 
shaft  at  7,300  rpm  when  viewed  as  a  time-history  plot.  One-half  a  revolution  is  presented.  The 
dotted  line  is  constructed  by  fairing  a  line  through  the  average  deflection;  it  represents  the 
contribution  of  the  second  mode.  A  model  shaft  (Figure  102)  was  constructed  with  this 
deflection  present.  When  the  shaft  was  turned  in  one  position,  only  the  second  mode  was 
present;  when  it  was  advanced  90  degrees,  the  sixth  mode  was  visible  superimposed  on  a 
second  mode. 

An  acoustic  run  was  made  for  spectral  analysis  to  determine  the  frequency  of  the 
objectionable  noise  present  at  the  higher  speeds.  Figure  103  shows  the  deflection  plot  of  test 
run  1 93;  sound  pressure  and  decibels  versus  frequency  is  plotted  on  the  same  chart.  The  result 
was  that  the  predominant  audio  frequency  corresponded  to  the  running  speed.  Secondary 
frequencies  can  be  disregarded.  Subsequent  runs  produced  lower  noise  levels,  but  acoustic 
measurements  were  not  repeated  for  these  tests. 

Analysis  of  test  results  of  a  general  nature  seems  to  point  to  an  unbalance  in  the  end  of  the 
shaft  unrelated  to  the  supercritical-speed  shaft  performance.  The  high-speed  shaft  was 
removed,  and  vibration  was  still  present.  The  low-speed  shaft  was  removed,  as  it  was  not  used 
unless  torque  was  being  applied  to  the  high-speed  shaft.  The  orbiting-end-load  shaft  was 
balanced  using  the  strain-gage  link  signals.  This  unbalance  pointed  out  that  the 
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Figure  90.  Horizontal  and  Vertical  Deflection  at  Station 


Figure  91.  Effect  of  Torque 
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Figure  92.  Deflection  in  Four  Planes  at  Station 
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Figure  93.  Damper  Motion  in  Two  Planes  at  Station  16. 
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Figure  94.  Damper  Motion  in  Two  Planes  at  Station  32. 


Figure  95.  Mode  Recorded  by  the  Optical  Pickup  at  7,300  RPM. 
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Figure  100.  Mode  Shapes  With  Second  Component  Removed. 
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Figure  103.  Acoustic  Investigation  -  Serial  2b. 


supercritical-speed  test  specimen  might  contain  an  unbalance  on  the  end  which  could  at  times 
produce  a  greater  reaction  than  the  one  from  the  deflected  supercritical-speed  shaft.  These 
forces  would  combine  and  may  be  responsible  for  the  phase  difference  between  signals  noted 
previously.  To  determine  the  unbalance  in  the  end  of  the  shaft,  a  speed  (8,300  rpm)  was 
selected  where  there  was  little  deflection  in  the  flexible  shaft.  A  test  series  was  conducted  to 
investigate  the  effect  of  a  small  balance  weight  located  at  various  angles  on  the  end  of  the 
shaft.  The  end  load  of  the  series  is  shown  in  Figure  104  with  plots  of  load  versus  angle  of 
balance  weight  for  6,000,  7,300,  and  8,300  rpm.  From  this  plot  the  optimum  angle  and  weight 
were  determined.  The  phase  change  of  the  most  effective  angle  between  the  speeds  plotted, 
especially  at  the  lower  speeds,  is  attributed  to  the  influence  of  the  unbalance  in  the  flexible 
system.  The  optimum  balance  weight  for  the  end  of  the  shaft  is  1 2  grams  at  -20  degrees  ph 
This  weight  was  installed  and  used  in  all  the  remaining  tests.  Figure  105  shows  the  relationship 
between  orbit  end  load  and  deflection;  this  plot  follows  the  expected  pattern  more  clo-ciy. 

Effectiveness  of  Italancc  Weights 

Test  evidence  obtained  while  operating  at  a  specific  critical  frequency  indicated  the  influence 
of  other  modes  on  shaft  performance  at  this  speed.  This  fact  became  apparent  when  it  was 
found  that  the  measured  deflections  did  not  lie  in  a  single  plane.  A  further  indication  ot 
noncoplanar  mode  shapes  was  suspected  when  balance  weights,  positioned  according  to  the 
original  concept  for  mode  behavior  and  shape,  did  not  improve  the  performance  of  the  shaft. 
The  angular  positions  of  the  weights  were  changed,  sometimes  as  much  as  180  degrees  from 
the  originally  predicted  position,  to  effect  an  improvement. 

Because  of  the  suspected  presence  of  noncoplanar  mode  shapes  and  the  tact  that  ettective 
balance  weight  could  not  be  predicted  with  the  original  approach,  a  series  of  tests  was  run  to 
determine  the  most  effective  angle  for  the  weight  at  each  balance  station.  These  tests  were 
intended  to  determine  the  effectiveness  of  the  balance  weight  in  controlling  deflection  (inches 
per  gram)  as  well  as  to  determine  the  most  effective  plane  for  the  balance  weight . 

Effectivitv  Data 

Tests  were  conducted  with  a  .  mall  balance  weight  located  at  various  phase  angles  on  all  balance 
stations.  Summary  plots  were  constructed  to  show  the  effectiveness  ot  a  trial  weight  at  various 
phase  angles.  Figure  106  shows  the  effectiveness  of  a  weight  at  three  phase  angles  located  at 
balance  station  5.  The  deflection  and  phase  were  measured  at  shalt  station  4.  Fhe  ellectiveness 
of  the  weight  was  plotted  for  the  second  critical,  the  fifth  critical,  the  sixth  critical,  and  the 
top  speed  of  the  shaft.  A  polar  plot  of  deflection  and  phase  as  measured  at  shaft  station  4  is 
shown  in  Figure  107.  F.ach  balance  station  was  investigated  to  determine  the  ettectivcncss 
of  a  similar  weight  at  various  angles  and  speeds.  Shalt  pertormance  was  always  measured 
at  station  4. 


Figure  104.  Balance 


Figure  105.  Deflection  and  Load  Versus  Speed  After  Balancing. 
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The  effectiveness  of  a  balance  weight  to  change  the  deflection  of  the  shaft  at  a  given  station 
was  determined  from  the  polar  plots,  where  the  deflection  of  the  shaft  at  a  given  speed  was 
shown  without  the  trial  weight  and  with  the  trial  weight  located  at  various  phase  angles.  For  a 
given  rpm  and  trial  weight  location,  the  response  to  the  trial  weight  held  a  constant  or  fixed 
relationship  (see  Figure  107).  The  amplitude  of  the  response  to  the  trial  weight  was  constant 
since  its  radius  vector  traced  a  circular  path  as  the  angular  position  of  the  trial  weight  was 
varied. 


The  angle  (a)  between  the  trial  weight  and  the  resulting  response  was  also  a  constant, as 
demonstrated  when  a  shift  in  the  angular  position  of  the  trial  weight  produced  an  identical 
shift  in  the  angular  position  of  the  response  vector  (see  Figure  107). 

In  essence,  the  effectivity  testing  is  an  experimental  determination  of  the  dynamic  influence 
coefficients  between  the  balance  stations  and  the  measurement  station  (shaft  station  4).  The 
effectivity  of  the  trial  weight  in  controlling  shaft  deflection  is  indicated  by  the  diameter  of  the 
circle  which  encloses  the  response  vectors  caused  by  the  trial  weight.  The  most  effective  angle 
for  the  trial  weight  was  obtained  from  the  auxiliary  curves  constructed  from  the  data  given  on 
the  deflection  versus  frequency  plots.  The  auxiliary  curves  resemble  sine  waves,  and  the  best 
angle  for  the  balance  weight  is  that  angle  which  corresponds  to  the  minimum  deflection.  The 
most  effective  angle  can  also  be  obtained  from  the  polar  plots  and  the  response  vector  circle  if 
the  angle  of  the  trial  weight  is  used  to  orient  an  azimuth  scale  (see  Figure  107).  The  best  angle 
for  balance  weight  can  be  read  directly  from  the  azimuth  scale.  The  optimum  weight  is  the 
weight  that  reduces  the  total  response  vector  to  zero. 
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Figure  107.  Polar  Plot  of  Trial  Weight  at  Station 
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Figure  109.  Polar  Plot  of  Trial  Weight  at  Station 
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Figure  111.  Polar  Plot  of  Trial  Weight  at  Station  10. 
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Figure  113.  Polar  Plot  of  Trial  Weight  at  Station  11 
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Figure  115.  Polar  Plot  of  Trial  Weight  at  Station  21. 


Deflection  Versus  Speed  With  Trial  Weight  at  Station  24. 
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Figure  117.  Polar  Plot  of  Trial  Weight  at  Station  24. 


Figure  118.  Deflection  Versus  Speed  With  Trial  Weight 
at  Station  27. 
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Figure  119.  Polar  Plot  of  Trial  Weight  at  Station  27. 


The  results  of  this  series  of  tests  were  further  reduced  by  combining  the  response  vectors  from 
all  balance  stations  at  a  given  rpm  by  plotting  both  magnitude  and  phase.  This  polar  plot  of 
amplitude  and  phase  is  shown  as  the  end  view  of  a  scale-model  shaft  (see  Figure  120)  An 
average  effectivity  plane  was  determined  by  inspection  of  the  response  vectors.  A  projection  of 
the  response  vectors  to  the  average  effectivity  plane  was  the  basis  for  constructing  the  mode 
shapes  in  Figure  120.  This  figure  presents  effectivity  mode  shapes  with  the  optimum  angle  lor 
balance  weight  shown  by  a  radial  line  on  each  of  the  circles  in  each  figure.  The  best  angle  is 
shown  for  each  speed  of  interest  and  at  each  balance  station  tested.  As  with  the  unbalanced 
shaft,  the  response  to  the  trial  weight  was  a  combination  of  a  number  of  modes.  If  the 
response  were  due  to  a  single  mode,  the  optimum  angle  for  the  balance  weight  would  have 
been  in  a  single  plane.  The  fact  that  this  optimum  angle  did  not  lie  in  a  single  plane,  especially 
at  the  higher  critical  speeds,  indicated  that  the  response  was  a  result  of  the  superposition  of 
modes  as  mentioned  previously.  An  advantage  of  plotting  modes  in  this  manner  is  that  the 
effect  of  static  deflection  is  no  longer  present  and  the  resulting  mode  more  nearly  represents 
the  true  mode  shape.  Provided  there  is  no  gross  difference  in  physical  properties,  it  is 
reasonable  to  expect  that  the  influence  coefficients  (the  diameters  of  the  circles  enclosing  the 
response  vectors)  determined  during  this  phase  of  testing  will  be  valid  for  all  shafts  of  the  same 
configuration.  The  amplitude  and  phase  of  deflections  from  each  shaft  will  be  different,  and  if 
this  information  is  known,  it  will  be  a  relatively  simple  matter  to  graphically  apply  the  known 
correction  factor  of  the  influence  coefficient  to  remove  the  undesirable  amplitude. 
Information  from  Figure  120  should  facilitate  placement  of  balance  weights  to  improve 
unsatisfactory  performance  of  any  similar  shaft  over  its  entire  speed  range. 

To  illustrate  how  this  diagram  would  be  used  to  experimentally  balance  a  shaft,  a  hypothetical 
case  is  presented  for  balancing  a  shaft  at  a  second  critical  speed  of  1 .300  rpm.  One  balance 
weight  reduces  the  deflection  of  a  shaft  an  amount  equal  to  the  effectiveness  of  the  weight  at 
the  station  used.  Weights  placed  at  aminodes  are  the  most  effective.  Weights  at  nodes  will  have 
no  effect  on  the  mode  whatsoever.  Similarly .  the  phase  of  a  balance  weight  effects  shaft 
performance.  If  properly  placed,  it  will  decrease  shaft  deflection.  If  it  is  placed  1 80  degrees  out 
of  phase,  shaft  deflection  will  increase  If  it  is  90  degrees  out  of  phase,  it  will  have  a  neutral 
effect  on  the  shaft  at  that  speed  These  two  (actors  are  the  major  considerations  in  selecting 
the  planes  and  angles  for  the  balance  weights  to  be  used. 

To  balance  the  second  critical  speed,  there  are  many  choices  lor  the  location  of  the  weights: 

•  A  single  balance  weight  could  be  used 

•  The  single  weight  could  be  placed  on  either  loopol  the  deflected  shall. 

•  The  single  weight  could  be  placed  at  any  balance  station  by  relating  the  magnitude 
of  the  weight  to  the  effectiveness  of  the  station  selected. 

•  Two  or  more  weights  could  be  used. 

•  The  multiple  weight  could  be  placed  on  one  or  both  loops. 

The  requirement  for  balance  is  that  the  total  amount  of  weight,  after  considering  the 
effectiveness  of  the  station  and  phase,  must  be  equal  to  the  unbalance  in  the  system.  If  this 
requirement  is  met,  the  shaft  will  run  true  at  this  speed.  Stations  and  weights  are  selected  to 
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work  in  unison  to  balance  lower  speeds  and  to  work  against  each  other  at  higher  speeds.  An 
example  of  this  would  be  a  balance  weight  placed  at  station  S  and  one  at  station  1 1 ,  both 
having  the  same  phase.  These  weights  work  together  to  correct  deflections  in  the  second  mode 
(1 ,300  rpm)  but  oppose  each  other  at  the  fifth  mode  (5.300  rpm). 

Stations  5  and  1 1  have  about  the  same  effectiveness  in  the  fifth  mode  but  with  opposite  signs. 
This  conditions  holds  true  for  the  sixth  mode  at  7,300  rpm  and  for  the  top  speed  of  8,300  rpm 
as  well. 


The  products  of  weight  and  effectiveness  are  added  algebraically  as  shown  in  the  table  below: 


RPM 

Station 

Weight 

Effectiveness 

Product 

Total 

1,300 

5 

10 

-4.3 

-43 

1 1 

10 

-5.0 

-50 

•93 

5,300 

5 

10 

-8.5 

OC 

11 

10 

+8.0 

+80 

-  5 

7,300 

5 

10 

-8.5 

-85 

11 

10 

+8.5 

+85 

0 

8,300 

5 

10 

+6 

+60 

11 

10 

-6 

•60 

0 

Test  Remits  With  Effectivity  Data 


This  approach  was  used  to  experimentally  balance  the  second  critical  speed  of  the  test  shaft. 
The  best  combination  of  weights  was  used,  and  the  shaft  was  run  to  the  fifth  critical  speed. 
Figure  1 2 1  shows  the  best  results  obtained  for  this  speed  (5 ,300  rpm). 

An  analysis  of  phase  information  from  this  test  indicated  that  further  improvement  of  the  fifth 
critical  speed  would  cause  the  sixth  to  diverge.  The  fifth  was  therefore  intentionally 
overbalanced  slightly  so  that  an  additional  balance  weight  could  correct  both  the  fifth  and  the 
sixth  critical  speeds  at  the  same  time. 

The  addition  of  weight  in  this  manner  produced  the  best  shaft  performance  to  date,  and  the 
result  is  shown  in  Figure  122.  Mode  shapes  were  obtained  for  this  configuration  and  the 
secondary  mode  shape  was  still  evident  (see  Figures  123  through  126). 

The  shaft  was  balanced  with  the  simulated  aircraft  structure  locked  out.  The  damper  structure 
was  much  stiffer  than  that  expected  in  the  aircraft,  and  it  was  desirable  to  compare  the  effect 
this  change  in  stiffness  had  on  the  performance  of  the  shaft.  The  locking  mechanism  was 
removed  from  the  damper  structure,  returning  the  test  rig  to  stiffness  simulating  the  aircraft 
installation.  Figure  1 27  is  a  comparison  of  a  test  run  with  flexible  damper  structure  and  a  test 
run  with  the  damper  structure  made  rigid.  The  peak  at  3,500  rpm  was  tentatively  identified  as 
resulting  from  a  resonant  condition  of  the  damper-structure  combination;  the  increased 
amplitude  at  5,300  rpm  occurred  because  the  increased  flexibility  reduced  the  effective 
damping  at  this  speed.  The  remainder  of  the  test  run  shows  very  little  effect. 
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Figure  121.  Effectivity  Data  Balance  for  5,300  RPM. 


Figure  122.  Effectivity  Data  Used  for  Balance  at 
7,300  and  8,300  RPM. 
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Figure  123.  Polar  Deflection  at  5,300  and  7,300  RPM. 
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Figure  124.  Deflection  Shapes  in  Two  Planes. 
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Figure  127.  Stiffened  Versus  Flexible  Damper  Structure 


The  shaft  was  intentionally  unbalanced  and  run  past  the  second  critical  speed  to  establish  a 
baseline.  A  shaft  guard  was  installed  so  that  the  effect  of  the  shaft  striking  the  guard  could  be 
observed  during  a  test  run.  It  was  not  known  at  the  time  if  the  guard  would  excite  the  motion 
and  cause  additional  deflection.  The  flat  spot  on  the  top  of  the  deflection  peak  in  Figure  1 28 
shows  that  the  deflection  was  limited  by  the  guard.  Inspection  of  the  specimen  showed  scrub 
marks  on  the  protective  covering  over  the  strain  gage  wire  pack  on  the  outside  of  the  shaft  in 
this  area.  Only  one  wire  pack  was  marked,  indicating  that  the  whirling  was  steady,  and  the 
shaft  did  not  tend  to  rattle  around  inside  the  guard. 

The  shaft  in  Figure  1 22  was  balanced  as  well  as  is  possible  with  present  technology  and  in  the 
time  available.  It  was  not  acceptable  for  a  flight-test  specimen  for  two  reasons: 

•  The  balance  weights  were  an  experimental  type  intended  for  rapid  installation  and 
adjustment. 

•  The  balance  weights  on  the  end  of  the  shaft  were  attached  to  part  of  the  test 
machine,  not  the  shaft  itself. 

Permanent  balance  weights  were  substituted  for  the  temporary  ones,  and  the  balance  weights 
for  the  end  load  were  added  to  the  test  shaft.  The  first  tests  after  installing  permanent  balance 
weights  on  the  shaft  were  run  to  reduce  the  orbit  end  load  to  a  minimum.  Figure  1 29  shows 
the  deflection  of  the  shaft  after  the  optimum  weight  of  18  grams  was  installed  on  the  end  of 
the  shaft.  The  most  effective  angle  was  found  to  be  -80  degrees.  A  sharp  peak  showed  up  at 
5,300  rpm,  and  a  series  of  tests  was  run  to  reduce  the  deflection  at  this  speed. 

An  interesting  characteristic  was  observed  while  testing  for  the  optimum  balance  weight.  In 
one  test,  21 .9  grams  was  added  to  shaft  station  24  at  -80  degrees.  In  another  test,  29.2  grams 
was  added.  Both  weights  were  intended  to  affect  the  performance  at  the  fifth  critical  speed  of 
5,300  rpm  only.  The  two  test  runs  are  presented  in  Figure  130.  One  test  run  shows  higher 
deflections  before  the  critical  and  lower  deflections  immediately  after  passing  it.  The  other, 
with  a  slightly  heavier  balance  weight,  shows  lower  deflections  before  the  critical  and  higher 
ones  immediately  beyond  it.  This  indicates  that  there  is  a  limit  to  the  performance 
improvement  that  is  possible  with  experimental  balancing. 

These  two  test  results  also  show  the  selective  response  that  is  possible  over  a  narrow  speed 
range  without  affecting  other  speeds.  Balance  weights  located  at  station  24  and  at  the  proper 
angle  will  affect  deflections  of  the  shaft  only  in  the  immediate  vicinity  of  the  fifth  critical 
speed  of  5,300  rpm. 

The  21 ,9-gram  balance  weight  (Figure  1 30)  produced  the  best  performance  measured  to  date. 
This  performance  is  acceptable  in  terms  of  deflection,  bending  stress,  damper  motion,  and 
temperature.  The  orbiting  end  load  is  higher  than  desired,  but  this  factor  is  so  sensitive  to  the 
application  of  small  balance  weights  that  it  appears  doubtful  if  practical  overall  improvement  is 
possible  with  the  existing  instruments. 
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Figure  129.  Substitution  of  Permanent  Balance  Weights. 
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TEST  DATA  FROM  BALANCED  SHAFT 


Performance  data  taken  from  the  tests  of  the  shaft  in  final  configuration  are  listed  below  and 
presented  in  the  following  illustrations. 


Figure 


Shaft  Deflection  and  Phase  vs.  Speed 

Station  3.5  131 

Shaft  Bending  and  Phase  vs.  Speed 

Station  4  132 

End  Load  and  Phase  vs.  Speed 

Station  1  133 

Damper  Deflection  and  Phase  vs.  Speed 

Station  15.5  .  134 

Station  31.5  .  135 

Shaft  Deflection  and  Phase  vs.  Speed 

Station  24  136 

Polar  Plots  of  Deflection 

8300  rpm  and  7300  rpm  137 

5300  rpm  and  3700  rpm  138 

2300  rpm  and  1300  rpm  139 

Time  History  of  Fixed  System  Displacement  (Developed  from  Polar  Plots  of  Deflection) 

8300  rpm  140 

7300  rpm  141 

5300  rpm  142 

3700  rpm  .  .  . .  143 

2300  rpm  144 

1 300  rpm  145 

Polar  Plot  of  Balance  Weights  146 

Time  History  of  Polar  Plots  147 
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Figure  131.  Deflection  Versus  Speed  at  Station  3.5. 


Figure  132.  Bending  Stress  Versus  Speed  at  Station  4.0 


■  IHI  Jt«l  IHI  MM  MM  IM#  'IN  IM« 


Figure  133.  End  Load  Versus  Speed  at  Station  1.0. 
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SERIAL  2B 
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Figure  137.  Polar  Deflection  at  8,300  and  7,300  RPM. 
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Figure  139. 


Polar  Deflection  at  2,280 


and  1,150  RPM. 
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Figure  143.  Time  History  of  Shaft  Deflection  for  180  Degrees 
of  Shaft  Rotation  at  3,570  RPM. 
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Figure  145.  Time  History  of  Shaft  Deflection  for  180  Degrees 
of  Shaft  Rotation  at  1,300  RPM  (Interpolated). 
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Figure 


146.  Polar 


Plot  of  Final  Balance  Weights 


SUMMARY 


The  shaft  was  assembled  with  tubes  as  received  from  the  mill.  The  tubes  were  cut  to  length  and 
the  adapters  riveted  in  place.  Tests  revealed  that  the  crank  effect  front  the  initial  bend 
produced  undesirable  damper  motions,  and  the  test  specimen  was  subsequently  straightened 
by  bending  in  a  press.  The  straightening  o iteration  did  not  completely  remove  the  crank  action 
at  the  damper  because  the  flanges  at  the  adapter  field  splices  were  not  perfectly  square  with 
the  straightened  centerline  of  the  tubes.  The  flanges  were  ground  square  by  turning  the  tubes 
on  centers.  The  reassembled  shaft  showed  very  little  damper  motion  due  to  remaining  crank 
effect. 

Satisfactory  performance  of  the  supercritical-speed  shaft  was  obtained  by  dynamically 
balancing  the  specimen.  The  previously  developed  experimental  and  analytical  approach 
proved  ineffectual  in  correcting  shaft  deflections  because  the  mode  shapes  were  not  as 
predicted.  A  new  method  of  experimentally  balancing  the  shaft  was  developed.  Test  runs 
determined  the  effectiveness  of  balance  weights  at  different  balance  stations,  and  from  this 
information,  effective  mode  shapes  were  established.  The  effective  mode  shapes  are 
considerably  different  from  calculated  or  measured  mode  shapes. 


CONCLUSIONS 


Available  calculated  and  vibrated  mode-shape  data  were  not  adequate  for  the  solution  of  the 
balance  problems  encountered.  The  experimental  and  analytical  balance  techniques  developed 
previously  could  not  be  used  because  the  mode  shapes  were  not  correctly  defined.  Torque  in 
the  test  specimen  does  not  affect  the  performance.  Secondary  vibrations  in  the  test  machine 
became  very  troublesome  when  the  major  unbalance  in  the  high-speed  shaft  was  reduced.  The 
unbalanced  components  of  the  test  machine  had  to  be  balanced  ot  removed  because  they 
affected  the  instruments.  The  mode  shapes  are  complex  combinations  of  the  deflections  of  all 
modes.  This  factor  must  be  considered  when  placing  balance  weights.  The  noise  level  of  the 
system  appears  to  be  related  to  both  damper  loads  and  end  loads.  The  noise  seems  to  have  a 
direct  relationship  to  the  deflections  of  the  secondary  modes  present,  specifically  the 
deflection  of  the  second  mode  when  the  shaft  is  turning  at  higher  speeds.  The  problem  of 
supercritical-speed-shaft  balance  includes  a  rigid  body  balance  of  the  ends  as  well  as  balance  of 
the  flexible  body  of  the  shaft  itself. 

The  test  program  has  shown  that  the  initial  bend  must  be  reduced  so  the  crank  action  at  the 
dampers  does  not  produce  motions  and  loads  which  exceed  the  design  limits.  This  condition  is 
independent  of  the  motions  and  loads  resulting  from  dynamic  action  of  the  shaft.  In  the 
future,  it  may  be  possible  to  correct  shaft  deflections  of  any  magnitude  and  from  any  source, 
either  static  or  dynamic,  by  this  balancing  technique,  but  this  capability  was  not  demonstrated 
in  the  test  program. 

Although  present  adapter  design  allowed  disassembly  and  reassembly  of  the  shaft  without 
disturbing  the  balance  of  the  system,  it  is  too  precise  and  requires  too  much  care  to  be 
acceptable  for .  future  design.  Some  improvement  of  this  assembly  joint  is  desirable. 
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Two  design  considerations  must  he  a  part  of  any  supercritical-speed  shall  if  il  is  to  operate 
satisfactorily.  First,  the  shaft  must  he  straight.  That  is.  both  the  tube  itself  and  the  adapters 
joining  il  together  must  be  free  of  characteristics  which  would  cause  the  dampers  to  move 
regardless  of  the  demands  placed  upon  them  by  the  deflection  of  the  flexible  system.  The 
crank  effect  must  be  minimized.  The  final  straightness  of  this  shaft  was  held  within  0.010  inch 
(0.020  peak  to  peak), and  the  flanges  of  the  adapters  were  machined  within  0.0005  inch  T1R 
before  assembly.  The  second  consideration  is  that  the  shaft  must  be  balanced.  The  flexible 
mode  (supercritical)  requires  balancing,  and  the  procedure  becomes  increasingly  complex  with 
each  critical  that  must  be  passed.  The  balancing  procedure  is  complex  because  the  mode  shapes 
are  combinations  of  all  modes  simultaneously.  The  influence  of  each  mode  is  a  result  of  the 
unbalance  in  that  mode.  Since  the  unbalance  is  unknown  and  is  different  for  each  shaft,  the 
amplitude  is  different  for  each  shaft.  The  mode  shape  must  be  determined  before  the  shaft  can 
be  balanced.  The  interaction  of  modes  makes  it  impractical  to  measure  modes  directly,  but 
they  can  be  determined  by  considering  the  cffectivity  of  balance  weights. 

The  rigid-body  mode  (suberitieal)  also  requires  balancing  which  can  only  be  accomplished  by 
monitoring  the  end  loads  or  deflections  while  rotating  the  shaft.  This  rigid-body  balance 
cannot  be  accomplished  if  the  flexible-mode  deflections  are  excessive.  The  orbiting  end  loads 
will  be  a  result  of  the  static  unbalance  in  the  shaft  and  the  end  adapters,  and  of  the  remaining 
load  caused  bv  the  unbalance  still  left  in  the  flexible  system.  Hnd  load  can  be  measured  where 
minimum  deflection  was  observed  in  the  flexible  mode.  The  measured  end  load  at  this  point 
could  be  related  to  the  centrifugal  force  caused  by  a  given  mass  rotating  at  the  corresponding 
speed.  The  best  balance  weight  and  the  proper  angle  can  be  determined  by  experiment.  Both 
ends  of  a  supercritical-speed  shaft  have  to  be  balanced.  Balancing  is  complete  when  both  the 
rigid  body  and  the  flexible  modes  of  operation  produce  loads  and  stresses  within  acceptable 
limits  to  allow  continuous  operation  for  the  design  life  of  the  system. 

The  shaft  was  not  balanced  to  the  degree  originally  intended  The  balance  that  was  achieved  is 
smoother  than  the  system  it  is  intended  to  replace.  Actual  data  from  flight  test  has  proven  that 
the  loads  on  the  bearings  and  shaft  hangers  will  be  less  on  a  supercritical-speed  system  than  on 
similar  components  of  the  standard  system. 

Shaft  performance  responded  to  placement  of  balance  weights,  and  further  improvement  is 
possible,  though  not  considered  necessary  to  achieve  a  satisfactory  aircraft  test  installation. 


INTERPRETATION  AND  ANALYSIS  OE  TEST  RESULTS 


During  the  test  program,  some  aspects  of  the  initial  design  analysis  showed  good  correlation 
while  others  did  not.  In  addition,  a  number  of  unanticipated  results  were  encountered.  Chief 
among  these  were  noncircular  whirling  motions,  measured  deflections  composed  of 
superimposed  mode  shapes,  and  failure  of  the  D-IO  analytical  balancing  program  to  provide 
adequate  balancing  information.  Test  observations  as  they  relate  to  these  areas  and  the  results 
of  several  investigations  aimed  at  resolving  the  balancing  problem  are  discussed  in  the  following 
paragraphs. 

GENERAL  OBSERVATIONS 
Comparison  of  Test  and  Initial  Design  Analysis 


Calculated  damped  natural  frequencies  for  the  nonrotating  system  obtained  during  the  initial 
design  analysis  are  compared  in  Table  II  with  the  rotating  test  natural  frequencies  or  critical 
speeds.  Both  the  calculated  and  test  results  show  shifts  in  the  frequency  of  the  peak  response 
when  the  location  of  the  exciting  force  (unbalance  in  the  case  of  the  test)  is  changed.  This 
characteristic  of  a  well-damped  system  makes  it  difficult  to  determine  in  a  test  program  both 
the  location  and  number  of  resonant  frequencies.  In  general,  there  appears  to  be  a  test 
frequency  corresponding  reasonably  well  with  each  of  the  calculated  frequencies;  however, 
there  are  indications  of  other  modes.  Except  for  the  appearance  of  a  well-defined  peak  at 
3,450  to  3,650  rpm,  removal  of  the  damper  support  stiffening  produced  no  major  change  in 
the  critical  speeds. 

A  plot  of  the  calculated  nonrotating  forced  response  at  station  4  is  compared  in  Figure  148 
with  typical  test  data  for  the  unbalanced  shaft.  The  comparison  generally  confirms  the  initial 
design  analysis,  which  indicates  that  there  are  only  three  responsive  modes  within  the 
operating  range  and  that  the  remaining  modes  are  heavily  damped.  Test  response  with  and 
without  damper  support  stiffening  is  shown  in  Figure  1 27.  Since  the  balance  configuration  was 
identical  in  both  cases,  this  comparison  demonstrates  the  importance  of  the  damper  support 
stiffness  on  the  fifth  mode  response. 

Noncircular  Whirling  Motion 


Deflectio'  measurements  with  the  optica!  pickup  at  various  fixed  system  azimuth  angles 
(Figure  92)  indicate  the  presence  of  noncircular  whirling  motions  at  speeds  above  5,000  rpm, 
but  the  deviation  from  a  circular  orbit  dees  not  appear  significant  except  at  7,200  to  7,300 
rpm.  Examination  of  phase-angle  data  shows  that  these  motions  are  forward  whirling  motions 
except  in  the  area  of  6,000  rpm,  when  there  appears  to  be  a  reverse  or  backward  whirling 
motion.  Existence  of  noncircular  motions  in  the  range  is  confirmed  by  the  presence  of  a 
2-per-rev  rotating  system  bending  moment,  which  results  from  noncircular  whirling  motion. 

The  backward  whirl  motions  were  not  present  at  6,000  rpm  or  the  final  balanced 
configuration.  (See  strain  gage  test  data  from  Figure  132.)  The  steady  stress  shows  forward 
whirl  with  little  or  no  2-per-rev  alternating  stress  except  in  the  area  of  7,300  rpm,  where  the 
alternating  stress  confirms  an  elliptical  whirl  pattern. 
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Nonrotating  Response. 


The  presence  of  the  noncircular  motions  is  believed  to  be  primarily  due  to  unsymmelric 
( nonisotropic)  stiffness  of  the  shaft  sup|x>rts. 

The  possibie  orbiting  motions  of  the  shaft  fall  into  one  of  the  following  four  categories: 

•  Forward  circular  whirl 

•  Forward  elliptic  whirl 

•  Backward  circular  whirl 

•  Backward  elliptic  whirl 

Figure  I4‘)  shows  typical  whirling  motions  of  each  type.  For  the  simple  elliptic  cases,  lixed 
system-diplacement  pickups  oriented  in  the  vertical  and  horizontal  planes  will  measure 
different  amplitudes.  When  backward  whirling  motions  are  present,  a  180-degree  phase 
difference  in  the  location  of  the  shaft  bend  is  measured  between  the  vertical  and  horizontal 
planes.  Only  the  forward  circular  whirl  does  not  result  in  a  2-per-rev  rotating  system-bending 
moment . 
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Figure  149.  Whirl  Pattern  Types. 


The  bulk  of  the  test  data  consists  of  measured  deflections  in  the  horizontal  plane  which  can 
only  be  interpreted  in  terms  of  a  circular  motion  l'p  to  approximately  5.000  rpnt.  the 
assumption  of  a  circular  whirl  is  well  justified.  Provided  the  area  ol  backward  (reverse)  whirling 
near  b.000  rpm  is  of  no  concern,  an  assumption  of  circular  whirling  over  the  remainder  of  the 
speed  range  is  not  unreasonable 
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Some  error  in  phase  would  occur  when  the  optical  pickup  instrument  is  used  to  measure 
elliptical  whirling  in  a  plane  which  is  not  parallel  or  at  right  angles  to  the  light  source.  Clearly 
the  largest  errors  could  occur  near  7.200  to  7,300  rpm,  where  the  noncircuLr  motion  is  most 
evident  and.  conceivably  could  lie  on  some  inclined  plane. 

Multiple-Mode  Response 

Test-response  shapes  also  show  a  strong  superposition  of  two  or  more  modes  at  all  the  higher 
critical  speeds.  In  particular,  a  significant  second-mode  deflection  occurred  even  at  the  fifth 
and  sixth  critical  speeds.  Presumably,  the  observed  results  are  due  to  the  effects  ol  initial  shalt 
deformity,  the  relatively  high  damping,  and  the  incomplete  balancing  of  the  second  critical 
speed. 

This  situation  is  of  concern  primarily  because  it  makes  it  difficult,  if  not  impossible,  to  balance 
the  shaft  using  the  experimental  modal|  balancing  method  In  essence,  the  modal  balancing 
theory  detailed  in  the  previous  report"  involves  balancing  each  critical  speed  in  turn.  The 
balance  weights  are  distributed  so  that  they  do  not  affect  a  previously  balanced  critical  and  so 
that  they  minimally  affect  the  subsequent  balancing  at  higher  modes.  Successful  application  of 
the  modal  balancing  method  entails  a  reasonably  accurate  knowledge  of  the  mode  shapes  and 
an  experimental  identification  of  the  plane  of  the  unbalance  for  the  mode  which  is  being 
balanced.  When  the  shaft  response  at  a  critical  speed  is  composed  of  contributions  from  several 
modes,  difficulty  is  encountered  in  applying  the  modal  balancing  method.  The  distorting  effect 
of  the  other  modes  prevents  an  accurate  determination  of  both  the  mode  shape  and  the 
location  of  the  unbalance  for  the  mode  of  interest. 

ANALYSIS  OF  THE  l)  10  COMPUTER  BALANCING  PROGRAM 


The  D-10  program  was  written  to  provide  a  computerized  version  of  the  analytical  balancing 
method  developed  in  the  previous  report."  Basic  input  data  required  to  use  the  program 
consist  of  the  shaft  geometric  and  mass  properties,  shaft  fundamental  modes  and  frequencies, 
and  test  data  obtained  at  a  number  of  speeds  equal  to  the  number  of  balance  stations. 
Required  balance  weights  are  obtained  utilizing  the  program  and  an  initial  set  of  test  values 
After  the  weights  are  added,  a  second  set  of  test  points  is  obtained;  these  data  are  used  to 
further  refine  the  balance-weight  configuration.  Repetition  of  this  procedure  should  then 
result  in  a  balanced  shaft  configuration. 

The  program  did  not  perform  as  anticipated  since  balance  weight  predictions  were  consistently 
as  much  as  25  times  higher  than  the  actual  weights  used  to  balance  the  shaft.  Typical  results 
illustrating  this  discrepancy  are  presented  in  Table  III.  This  large  disparity  between  predicted 
and  actual  balance  weights  led  to  this  present  reevaluation  of  both  the  analytical  approach* 
and  the  subsequent  computer  program  7 
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TABLE  III.  COMPARISON  OF  ACTUAL  AND  CALCULATED 
BALANCE  WEIGHTS  FROM  D-10  ANALYSIS 

Shaft 

Final  Test 

1 

Calculated* 

Station 

Balance  We  ght 

Balance  Weight 

Grams 

Angle 

Grams 

Angle 

5 

27.6 

-112° 

11 

30.0 

177° 

21 

26.0 

:  IpB 

162° 

24 

21.9 

1 

-  18° 

27 

28.8 

743.0 

160° 

*  Based  on  a  combination  of  test  and  analytical  modes. 

The  results  of  the  analytical  effort  described  in  the  previous  report"  can  be  summarized  in 
Equations  3  through  6.  Definitions  of  symbols  used  in  this  section  are  given  in  Table  IV. 
Equations  3  and  4  describe  the  deflected  shape  along  the  shaft  in  two  perpendicular  axes. 
These  deflections,  U(x)  and  V(x),  are  expressed  as  functions  of  the  initial  deflected  shape, 
shaft  mode  shapes  and  modal  damping,  forcing  frequencies,  resonant  frequencies,  and 
parameters  describing  the  shape  of  the  unbalance  distribution. 


Ui.i'sJk.2  q»2l  [u:(an>en)^7nbnl  +^7n|Mbn  +  gn>-7nann 


V(x)  *  I  flu2 -w2Mw2<bn  +  gn)-w7nanl  -w27n  Man  +  V  +  7nbn> 
n=l<  - 


2  2.2  „  2  2 

<U„”  -  UT  +  W|fn 


>  X„(x) 


Mj€  Xn(tj)  cos  Oj*-p  A  Nn  r„ 
h 

I  M:e  Xn(tj)  sin  Oj  *  -p  A  N„  Sn 
i*l 


(3) 


(4) 


(5) 


(6) 


where  rn  -  an  +  en  .  S„  ■  bn  +  gn 

In  their  general  form,  the  above  equations  consider  the  total  deflections  at  all  speeds  to  be  a 
superposition  of  the  response  from  all  the  modes,  and  the  unbalance  at  all  speeds  is  assumed  to 
be  composed  of  both  the  initial  shaft  deformation  and  a  mass  defect  The  principal 
assumptions  made  in  developing  these  equations  are: 

•  The  whirl  pattern  is  circular-shaft  and  support  stiffnesses  are  isotropic . 

•  The  discrete  dampers  may  be  represented  by  an  equivalent  modal  damping 
coefficient. 

•  The  shaft  has  a  uniform  mass  distribution. 
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FABL.I  IV.  LIST  OF  SYMBOLS  I  OR  D-IO  ANALYSIS 


shaft  cross-sectional  area 


mass  density  of  shaft  material 


shaft  length 


number  of  dampers 


number  of  balance  stations 


mode  number 


radius  at  which  balance  weight  is  added 
shaft  speed 


critical  speed  of  the  nth  mode 


mass  of  the  ith  balance  weight 
angular  position  of  ith  balance  weight 
spanwise  location  of  ith  balance  weight 
damper  coefficient  of  ith  damper 


spanwise  location  of  ith  damper 


x  spanwise  coordinate  along  the  line  between  supports 

^  -4 

17 1 .  rj  s  a  set  of  perpendicular  unit  vectors  fixed  in  the  shall 
U(  x)  total  slut:  deflection  in  the  direction  of  the  unit  vector  rj| 

Vtx)  total  shall  deflection  m  the  direction  ot  the  unit  vector  r/s 

Xn(x)  whirling  mode  shape  of  the  nth  critical  speed 


U0(x)  -  anXn(x>.  component  of  the  initial  shaft  deformity  in  the  direction  of  the  unit 

n"'  vector  rj  | 


V,jxl  1  bn\„(x).  component  ot  the  initial  shall  deformity  in  the  direction  ol  the  unit 

0  n=l  11  .  - 

"  1  vector  rj  > 


IABLI  IV-(.'ontinued 


N  |  ( x )  position  of  the  mass  center  from  the  shall  geometric  center  in  the  direction  of  the 
unit  vector  77 1 

Nitxl  position  of  the  mass  center  from  the  shaft  geometric  center  in  the  direction  of  the 
unit  vector  77-1 


an  = 

o/L 

Uq(x)  Xn(xl  dx 

o/L 

Xn“(x)  dx 

hn  = 

Vq(x)  Xn(x)  dx 

O 

S 

r* 

Xn~(x)  dx 

cn  = 

o/L 

N|(  x)  Xn(x>  dx 

o/L 

Xn-(x»  dx 

^11  = 

o/L 

N  .(x)  Xntxt  dx 

/•  L  v 
0  J  X„-tx>dx 

Cn  =  (Cj/L)  \„:  (f,) 


'  11 

7n  3  .  reduced  damping  ratio 


Xn-(x>  d\ 
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In  the  case  of  the  present  shaft,  test  results  indicate  that  the  whirl  pattern  is  slightly  elliptical 
near  the  higher  critical  speeds;  however,  the  importance  of  this  noncircular  motion  is  not 
obvious.  Representation  of  the  discrete  damping  as  an  effective  modal  damping  is  a  generally 
accepted  assumption  for  lightly  damped  systems.  For  the  present  system,  this  assumption  is 
easily  justified  for  the  higher  modes  but  somewhat  questionable  for  the  first  through  the 
fourth  modes,  where  the  damping  ranges  from  30  to  14  percent  of  critical.  The  assumption  of 
a  uniform  mass  distribution  is  quite  clearly  not  justified  since  the  local  mass  at  the  damper  was 
shown  in  the  design  calculations  to  have  a  powerful  effect  on  the  dynamic  behavior.  This 
deficiency  does  not  invalidate  the  method,  but  the  equations  must  be  modified  to  include  the 
damper  mass. 

In  general,  the  process  of  obtaining  the  required  balance  weight  consists  of  gathering  sufficient 
test  data  so  that  solutions  may  be  obtained  for  an.  bn,  and  gn  from  Equations  3  and  4.  With 
these  values.  Equations  S  and  6  arc  used  to  compute  the  balance  weight  mass  and  angular 
position  (Mj  and  0j).  Two  approaches  to  obtaining  a  solution  are  worthy  of  consideration. 
These  approaches,  referred  to  as  Methods  1  and  2.  may  be  summarized  as  follows. 

Method  I— This  approach  obtains  a  solution  to  the  equations  in  their  most  general  form. 
Implementation  requires  tin  measurement  of  the  shaft  initial  deformity  and  measured 
dynamic  response  for  one  location  at  a  number  of  speeds  equal  to  the  desired  number  of 
balance  stations.  Measured  :esponsc  near  each  of  the  criticals  is  preferred.  From  the  initial 
deflection  data,  the  coefficients  an  and  bn  may  be  computed  directly,  leaving  2n  unknown 
coefficients (en  and  gn)  in  Equations  I  and  2.  If  the  dynamic  responses  U(x)and  V(x)are 
measured  at (n )  different  speeds,  then  there  arc  2n  simultaneous  equations  from  which  the  2n 
coefficient  values  may  be  obtained.  Using  the  values  of  an,  bn,  en,and  gn.  Equations  3  and  4 
yield  the  balance  weight  mass  and  angular  position  for  (n)  different  locations. 

Method  2— This  method,  which  is  the  method  used  in  the  D-10  program,7  is  applicable  to  a 
system  where  the  initial  deformity  contributes  only  to  the  unbalance  in  the  first  mode  and 
constitutes  the  only  unbalance  in  this  mode.  Unbalance  in  the  higher  modes  is  assumed  to  be 
due  entirely  to  mass  defects.  This  method  was  selected  since  it  was  felt  that  the  assumption 
regarding  the  initial  deformity  was  justified.  In  addition,  it  offered  the  advantage  of 
eliminating  the  time-consuming  measurement  of  the  initial  deformity. 

If  the  above  assumptions  are  made  regarding  the  nature  of  the  unbalance,  then 
en  =  gn  -  0  for  n  =  1 
and  an  =  bn  *  0  for  n  >  2 

Thus,  2n  coefficients  are  equal  to  zero  and  2n  unknown  coefficients  remain  in  Equations  1  and 
2.  As  in  the  case  of  Method  I ,  if  the  dynamic  responses  U(x)  and  V(x)  are  then  measured  at 
(n)  different  speeds,  the  balance-weight  mass  and  angular  position  for  (n)  different  locations 
may  be  calculated 
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As  indicated  previously  in  Table  III,  there  is  a  large  disparity  between  the  D-10  calculated  and 
test  balance-weight  configurations.  Results  shown  in  Table  III  were  based  on  a  combination  of 
test  and  analytical  modes  and  dynamic  response  data  for  the  final  reworked  shaft 
configuration.  The  resultant  rotating  test  mode  at  1,275  rpm  from  test  1 10,  which  is  very 
nearly  coplanar,  was  used  in  conjunction  with  the  analytical  third  through  sixth  modes.  In 
addition  to  the  balance  weights,  the  D-10  program  using  Method  2  also  calculates  the  initial 
deflection  required  to  obtain  the  measured  first -mode  response.  The  derived  initial  coplanar 
deflection  is  compared  with  the  measured  initial  shape  in  Table  V.  This  derived  initial  shape 
agrees  within  approximately  20  degrees  with  the  experimentally  determined  plane  of 
unbalance  at  the  first  (1,350  rpm)  response  peak.  However,  there  appears  to  be  little  if  any 
correlation  with  the  measured  initial  shape  which  is  noncoplanar. 

Clearly,  the  D-!0  computer  program  is  not  adequate  for  the  present  shaft  configuration. 
However,  a  valid  analysis  could  possibly  be  obtained  by  including  the  damper  mass  terms  and 
using  the  more  general  solution  referred  to  as  Method  I ;  but  this  approach  was  not  evaluated 
because  the  influence  coefficient  method  described  in  Reference  8  is  apparently  superior. 


TABLE  V. 

COMPARISON  OF  DERIVED  AND  MEASURED  INITIAL  DEFORMITY 

Shaft 

Initial  Deformity 

Measured 

Derived 

Station 

Deflection 

Angle 

Deflection 

Angle 

(Inch) 

(Degrees) 

(Inch) 

( Degrees) 

1 

0.002 

-  55 

0 

0 

3 

0.006 

-  84 

0.010 

+  108.4 

5 

0.003 

-  60 

0.018 

+  108.4 

7 

0.003 

-  90 

0.023 

+  108.4 

9 

0.002 

-  50 

0.025 

+  108.4 

11 

0.004 

+  45 

0.022 

+  108.4 

13 

0.004 

+  70 

0.017 

15 

0.004 

-  135 

+  108.4 

17 

0.007 

-  20 

19 

0.012 

0 

-  71.6 

21 

0.01 1 

-  20 

0.012 

-  71.6 

23 

0  004 

0 

0.015 

-  71.6 

25 

0.009 

0 

0.015 

-  71.6 

27 

0.006 

0 

0.012 

-  71.6 

29 

0.002 

0 

-  71.6 

31 

0.004 

+  90 

-  71.6 

33 

0.004 

+  90 

0.002 

-  71.6 

35 

0.001 

+  72 

0 

0 
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CKNKRALIZK.I)  COOK  DIN ATK  ANALYSIS  Oh'  TEST  DATA  AM)  HALAMCINC  SYSTKM 


A  generalized  coordinate  analysis  of  test  response  slrapes  tor  the  unbalanced  slialt  was 
conducted  using  analytical  inode  shapes.  The  purpose  of  the  analysis  was  tc  separate  the  total 
response  into  its  constituent  modes  and  thus  identify  the  plane  of  the  unbalance  and  the 
response  amplitude  of  each  of  the  component  modes.  With  this  information  it  is  then  possible 
to  determine  the  balancing  requirements  by  analytical  means.  A  similar  analysis  ol  Un¬ 
measured  initial  bend  or  static  deflections  was  also  performed  to  determine  the  correlation 
between  the  initial  bend  and  the  unbalance. 

It  is  assumed  that  there  exists  a  set  of  mode  shapes  referred  to  as  the  generalized 
coordinates  defined  by  the  function  Hn(y).  which  describes  the  deflected  whirling  shape  of 
the  shaft  such  that 


where:  Z(y)  and  X(y)  arc  the  total  deflections  in 

the  directions  of  the  7.  and  X  axes,  which  are 
fixed  in  the  shaft,  and  An  and  Bn  are  coefficients 
defining  the  amplitude  of  the  coordinates  or  mode 
shapes  Hn(y) 


lor  the  case  of  an  undamped  shaft,  the  mode  shapes  H„(y>  correspond  to  the  normal  modes  of 
the  system,  and  it  is  the  usual  assumption  that  these  modes  are  approximately  correct  tor  the 
case  with  damping.  Analysis  and  test  observations  indicate  that  the  shaft  is  operating  below  the 
seventh  critical  speed.  For  practical  purposes,  therefore,  a  summation  of  the  first  seven  modes. 
n=|  to  n=7  in  the  above  equations,  should  yield  a  satisfactory  approximation. 

Assuming  that  the  first  seven  mode  shapes  Hn<y>  are  known  and  that  the  deflections  Zty) and 
X(y)  are  measured  at  a  fixed  shaft  speed  for  a  minimum  of  seven  locations,  two  sets  of  seven 
simultaneous  equations  may  be  written  from  which  the  coefficients  An  and  Bn  can  be 
calculated  for  the  first  seven  modes.  Thus,  the  contributions  of  the  first  seven  modes  to  the 
total  response  are  determined  at  the  test  speed.  During  the  present  investigation.  Vertol  s 
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computer  program  l.-Jh  was  used  lo  obtain  numerical  solutions  lor  the  coefficients  An  and  B„ 
Tins  program  offers  an  advantage  over  the  conventional  procedure  outlined  above,  in  that 
measurements  at  more  titan  seven  locations  may  be  utilized  while  still  limiting  the  number  of 
coordinates  to  seven.  Since  this  results  in  more  equations  than  there  are  unknowns,  a 
polynomial  curve-lilting  procedure  is  used  which  results  in  a  root -mean -squa  re  curve  lit  This 
feature  tends  to  minimize  data  error  and  results  in  a  more  accurate  solution. 

To  gain  some  insight  into  the  characteristic  nature  of  the  results  in  the  absence  of  any  possible 
lest  error,  the  forced  response  of  a  damped,  nonrotating  shaft  computed  from  Vertol's  D-97 
program  was  analyzed.  Results  obtained  using  undamped  modes  (Figure  1 8)  as  coordinates  arc- 
shown  in  Figures  1 50  and  1 51  as  plots  of  modal  amplitude  at  station  4  and  the  phase  of  the 
mode-versus-shaft  speed.  With  a  few  minor  exceptions,  the  amplitude  plots  display  the  general 
characteristics  of  uncoupled  modes  with  each  mode  having  significant  response  only  in  the  area 
of  its  own  natural  frequency,  which  indicates  a  good  selection  of  coordinates.  Although  the 
phase  plots  arc  somewhat  confused,  it  is  noted  that  at  the  natural  frequencies  each  mode  is 
approximately  90  degrees  behind  the  exciting  force.  In  addition,  there  is  a  tendency  to  be 
nearly  in  phase  with  the  force  below  the  natural  frequency  and  nearly  180  degrees  behind  the 
force  aoeve  the  natural  frequency. 

The  analysis  of  test  results  was  conducted  using  test  response  shapes  of  the  unbalanced  shaft 
together  with  both  the  undamped  modes  and  the  damped  modes  (marked  />)  in  Figure  18  as 
coordinates.  Measured  shaft  deflection  is  the  vector  sum  of  the  static  and  dynamic  deflections. 
Since  it  is  the  dynamic  deflection  which  was  of  interest .  test  data  were  first  corrected  to  obtain 
the  dynamic  deflection. 


+90* 


Components  of  the  test  response  shapes  m  two  mutually  perpendicular  planes  (0  and  90 
degrees  in  the  shaft  coordinate  system)  were  determined.  Similarly,  components  of  the  static 
deflection.  Figures  51  and  52.  were  determined,  and  the  dynamic  deflection  was  obtained  by 
subtracting  the  static  from  the  measured  deflections.  Using  the  dynamic  deflections,  the 
coefficients  An  and  Bn  were  obtained  from  the  L-3h  program.  The  components  defined  by 
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Figure  150.  Generalized  Coordinate  Analysis  of  Theoretical 
Response  -  Modal  Amplitude. 
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these  coefficients  were  then  recombined  to  find  the  resultant  dynamic  deflection  and  phase  for 
each  of  the  modes.  A  similar  analysis  was  performed  to  determine  the  modal  content  of  the 
initial  bend.  Detailed  results  for  the  analysis  with  the  undamped  and  damped  modes  are 
compared  in  Figures  152  and  1 53  in  the  form  of  modal  amplitude  and  phase  at  station  4  versus 
shaft  speed.  In  general,  the  modal  amplitude  plots  (see  Figure  152)  show  a  predominant  peak 
for  each  mode  in  the  area  of  its  estimated  natural  frequency  or  critical  speed.  Notable 
exceptions  are  the  second  mode,  which  shows  considerable  response  in  the  area  of  the 
fifth-mode  frequency,  and  the  third  mode,  which  displays  considerable  response  in  the  vicinity 
of  the  second  mode  and  no  tendency  to  peak  at  its  own  modal  frequency.  The  estimated 
seventh-mode  frequency  is  above  the  maximum  operating  speed:  this  appears  to  be  confirmed 
by  the  absence  of  any  significant  peak  for  the  seventh  mode.  Modal  amplitudes  with  the 
damped  coordinates  exhibit  the  same  general  pattern  as  the  undamped  coordinates  except  that 
there  is  considerably  more  interaction.  The  first -mode  amplitude  is  high  over  the  middle  speed 
range,  and  the  second  mode  has  a  very  large  amplitude  peak  at  the  fifth-mode  frequency. 
Levels  for  the  third,  fourth,  and  fifth  modes  are  only  slightly  higher  than  the  results  with  the 
undamped  coordinates  except  in  the  vicinity  of  the  second-mode  frequency,  where  these 
modes  contribute  significantly  to  the  overall  response. 

The  plots  of  Figure  157  show  the  phase  of  the  mode  (at  station  4)  in  the  shaft  coordinate 
system.  Hxeept  for  the  first  and  third  modes,  the  results  with  the  damped  and  undamped 
coordinates  compare  favorably  in  the  area  of  the  estimated  critical  speeds.  Using  the  results  of 
the  previous  generalized  coordinate  analysis  of  a  l)-97  response  as  a  guide,  the  phase  of  the 
unbalanced  force  can  be  identified.  Since  the  precise  location  of  the  critical  speeds  is  not 
known,  an  effort  has  been  made  to  identify  the  180-degree  phase  shift  which  occurs  as  the 
mode  passes  through  resonance.  These  regions  have  been  identified  on  the  plots.  In  the  case  of 
the  first  and  second  modes,  the  phase  tends  to  stabilize  on  a  constant  angle  above  the 
estimated  critical  speed,  and  it  has  been  assumed  that  this  angle  is  180  degrees  out  of  phase 
with  the  unbalanced  force.  As  a  general  observation,  the  identification  of  the  plane  of  the 
unbalance  from  the  phase  plots  is  subject  to  a  good  deal  of  judgment. 

A  summary  of  results  is  presented  in  Tables  VI  and  V 1 1  for  the  undamped  and  damped 
coordinates  respectively.  In  both  cases,  the  generalized  balance  force  and  phase  obtained  from 
the  analysis  of  test-response  shapes  are  compared  with  values  for  the  final  test-balance 
configuration.  For  the  undamped  coordinates,  the  phase  of  the  force  required  to  balance  the 
modal  components  of  the  initial  bend  is  also  shown.  The  generalized  forces  were  obtained 
from  the  following  expressions. 
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At  ilk1  nih  critic;il  speed 


FX„  =  i 


FZ„  =  C 


Hn-(yl)  +  lln-(y:l 

Hn:(y|)+  Hn~  « y 


wnAn“V 


wn  Bn(uV 


where 

FXn  and  F7.n  are  the  generalized  forces  in  the  X  and  /  directions  at  the  nth  natural 
frequency. 

Hn  (y  1 1  and  Mn  (y  •>)  are  the  amplitudes  of  the  ntli  coordinate  at  tlu-  damper  locations. 

An  (to,,)  and  Bp  (uin)  are  the  modal  coefficients  at  the  nth  critical  speed  Iron)  the 
generalized  coordinate  analysis. 

u>n  is  the  frequency  at  the  ntli  critical  speed. 

C  is  the  damping  coefficient  at  the  supjiorts. 

Likewise  at  the  nth  critical  speed: 

h  s 

FXn  =  2^  e  Mj(x)  Hn(yj) 

h 

,  Zn  =  j“,  e  Mjl/>  Hn< y i >  wn” 


where 

Hn  (Vj)  is  the  amplitude  ol  the  nth  coordinate  at  i th  balance  station. 

Mj(x)  and  Mj  (zi  are  the  components  of  the  \tli  balance  weight  in  the  xand  /.directions, 
e  is  the  radius  at  which  balance  weight  is  added, 
h  is  the  number  of  balance  locations 

Lxamination  of  Table  VI.  which  suinman/es  the  results  obtained  with  the  undamped  mode 
coordinates,  shows  a  fair  degree  of  correlation  with  the  test  balance  configuration  With  the 
exception  of  the  fourth  mode,  the  phase  angles  from  the  generalized  coordinate  analysis  are 
reasonably  close  to  the  test  values.  The  generalized  forces  compare  favorably  for  the  third, 
fifth,  and  sixth  modes;  while  the  fourth  mode  is  approximately  twice  the  test  value.  The 
largest  apparent  error  in  the  generalized  forces  occurs  at  the  first  and  second  modes.  So  far  as 
the  initial  bend  is  concerned,  only  the  fifth  and  sixth  modes  show  any  correlation  with  the  test 
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balance  configuration.  which  i*  diffuuit  to  umU'tslind  unit  it  i*  generally  accepted  that  the 
initial  bend  contribute*  heavily  to  the  lower  mode  unbalance  Note  that  the  let!  balance 
configuration  doe*  not  represent  a  fully  balanced  condition  The  primary  lest  effort  wa» 
directed  at  the  range  above  5  jQOO  rpm  (fifth  and  oath  modes).  and  llte  response  at  the  single 
low -frequency  peak  (coupled  fuel  and  second  mode*  I  wat  reduced  by  only  (i0  percent 
C'onuderiny  lhe*c  fact*,  good  correlation  vhould  be  anticipated  for  the  film  amt  *i*th  mode*, 
while  a  40-  to  50-percenl  difference  may  be  expected  at  the  fin!  and  vecond  inode* 

Summarized  result*  prevented  in  Table  VII  for  the  damped  coordinate*  compare  tomcwhai 
more  favorably  with  the  leal  balance  configuration  I  iccpt  for  the  llurd  and  fourth  mode*,  tnc 
phavc  angle*  agree  reasonably  with  the  Ictl  value*  and  do  not  significantly  differ  from  the 
prevtou*  re*ull*  with  the  undamped  mode*  Magnitude  of  the  generalized  force*  at  the  thud 
and  fourth  mode*  range*  from  2  to  2-1/2  time*  the  tc*t  value*,  however,  the  remaining  ii-odcv 
including  the  fir*t  and  xtond.  compare  quite  favorably  with  the  te*l  value*  The  improved 
correlation  of  the  first  and  vccond  mode  generalized  force*  appear*  to  be  the  principal 
difference  retailing  from  the  u*c  of  the  damped  coordmite* 

Ir.  conduuor.  the  generalized  coordinate  analytt*  of  tc*l -response  chape*  can  be  an  effective 
method  of  obtaining  both  the  phavc  and  magnitude  of  the  unbalance  when  the  mcatured 
lesponsc  n  a  uiperpoation  of  *cvcral  mode*  However. a  large  number  of  te*t  point*  near  each 
critical  tpced  are  required  to  accurately  define  the  phase  rrtponie  Furthermore,  once  the 
phase  responw  it  defined,  a  great  deal  of  judgment  n  involved  in  establishing  the  plane  of  the 
unbalance.  Generally  *  peaking,  therefore,  the  proem  it  rather  lime  consuming  and  doc*  not 
lend  itself  loan  automated  procedure. 

GRAPHIC  ISOLATION  OK  MODES 

A  graphic  method  for  isolating  the  response  of  a  particular  mode,  in  the  cave  where  the  shaft 
deflections  are  a  superposition  of  modes,  is  presented  The  method  is  best  described  as  a 
modification  of  the  Kenned y-Pancu  method  of  resonance  testing  9  For  the  purposes  of  this 
report,  it  will  suffice  to  outline  the  procedure  and  explain  the  significance  of  the  various 
diagrams  which  must  be  constructed. 

1 .  At  a  series  of  frequencies  flj  taken  at  constant  speed  increments,  obtain  ihc  vector 
response  17(0 )  for  the  unbalanced  shaft  through  the  critical  speed  range.  Construct  a  polar 
plot  of  rjto).  and  fit  a  circle  through  the  points  with  the  maximum  frequency  spacing  (sec 
Figure  1 58 ). 

2.  Add  a  trial  weight  at  any  arbitrary  angle 0n  from  the  shaft  reference  axis. and  measure  the 
response  tj(  I )  at  the  same  frequencies  used  in  step  I . 

3.  Compute  the  vectors  >7|n(  I )  =  rtf  I )  -  »j<0)  Construct  a  polar  plot  of  »jm(  I  land  lit  a  circle 
to  the  points  as  in  step  1  (see  Figure  1 55). 

4.  In  Figure  154.  draw  the  resonance  diameter  0  D  so  that  it  makes  a  W -degree  angle 
(/3n-90)  with  the  reference  axis.  This  locates  the  critical  speed  con.  Measure  from  the 
reference  frequency  (in  this  case  S ).  and  use  this  information  to  construct  the  resonance 
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where  n(o)  ■  Vector  response  of  the  unbalanced  shaft 
OD  -  Total  response  at  the  rth  critical  speed 
O'D  ■  Response  in  the  mode  of  the  rth  critical 
00'  ■  Contribution  of  other  modes  at  rth  critical 

CA  ■  Direction  of  the  unbalance 

CU  ■  Direction  in  which  balance  weight  must  be  added 

■  Critical  speed 
n 

■  Speeds  at  which  data  is  obtained 


Figure  154.  Vector  Response  of  Unbalanced  Shaft  at  the 
nth  Critical  Speed. 
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diameter  0  I)  on  Figure  155.  The  direction  of  the  unbalance  (vector  (’A)  may  now  be 
located  in  Figure  154.  90  degrees  ahead  (in  direction  of  rotation)  of  the  resonance 
diameter  0  D.  It  is  also  possible  to  obtain  the  approximate  location  of  0/I)  in  both  Figures 
154  and  155  by  inspection  alone,  since  the  critical  speed  occurs  in  the  area  where 
the  test  points  display  the  maximum  frequency  spacing. 


5.  An  estimate  of  the  magnitude  of  the  required  balance  weight  is  as  follows: 


Required  Weight 


Diameter  of  Circle  Made  Using  r)(0) 
Diameter  of  Circle  Made  Using  tjm)(  I  ) 


X  (Trial  Weight) 


In  the  situation  where  the  response  involves  a  significant  superposition  of  modes,  the 
experimental  modal  balancing  procedure  discussed  in  the  previous  report-  cannot  be  used 
since  it  is  necessary  to  observe  the  response  of  a  single  mode.  However,  application  of  the 
procedure  described  above  should  make  it  possible  to  observe  the  isolated  response  of  the 
mode  which  is  being  balanced  so  that  the  experimental  modal  balancing  procedure  may  again 
be  followed.  While  a  fair  amount  of  graphic  analysis  is  required,  the  method  offers  the 
advantage  of  determining,  with  one  position  of  a  trial  weight,  both  the  plane  of  the  unbalance 
and  the  effective  weight  required  to  balance  the  mode.  The  principal  disadvantage  is  that  the 
modal  method  requires  a  knowledge  of  the  basic  mode  shapes. 


Validity  of  the  modified  kennedy-Pancu  method  was  investigated  using  available  test  data. 
Figure  156  shows  a  polar  plot  of  the  vector  response  for  shaft  station  4  in  the  vicinity  of  the 
combined  first  and  second  modes.  The  frequency  spacing  gives  a  reasonably  good  indication  of 
a  mode  in  the  range  from  1 ,275  to  1 ,400  rpm.  which  corresponds  to  the  second  mode.  There  is 
also  some  indication  of  the  first  mode  in  the  range  from  1 .200  to  1 ,250  rpm:  the  presence  of  a 
second  loop,  illustrated  in  Figure  1 57,  confirms  this. 


Response  to  a  trial  weight  at  station  5  is  shown  in  Figure  158.  As  in  the  case  of  Figure  156. 
this  plot  fails  to  clearly  show  the  presence  of  a  lower  mode,  however,  the  cusp  at  1 .250  rpm 
indicates  that  a  second  loop  is  beginning  to  form.  Based  on  previous  analysis,  a  trial  weight  at 
the  opposite  end  of  the  shall  would  excite  the  first  mode.  Fitting  a  circle  through  the  points  of 
maximum  frequency  spacing  and  const-acting  the  resonance  diameter  (A)  ‘>0  degrees  behind 
the  line  of  action  of  the  trial  weight,  indicates  a  resonant  frequency  at  1 .350  rpm.  Returning 
to  Figure  156  and  constructing  the  diameter  O  D  indicates  that  the  balance  weight  should  be 
placed  at  -102  degrees  or  90  degrees  behind  the  response  at  resonance.  Computing  the  balance 
weight  as  indicated  in  step  5,  a  weight  of  62.5  grams  at  station  5  is  required  to  balance  the 
mode.  Note  from  Figure  I  56  that  balancing  the  second  mode  does  not  reduce  the  response  to 
zero  since  the  response  0  0  =  G.l  inch  due  to  other  modes  is  still  present.  These  results  are  in 
general  agreement  with  the  experimentally  observed  results. 

Attempts  to  apply  the  method  in  the  area  of  the  other  modes  were  inconclusive.  Failure  of  the 
method  in  general  is  probably  caused  by  the  small  amplitudes  at  resonance  and  the  relatively 
heavy  damping  in  these  modes.  Results  for  the  fifth  mode  presented  in  Figures  159  and  160 
are  typical.  The  response  of  the  unbalanced  shaft.  Figure  1 59,  shows  a  loop  between  5 .1 00  and 
5.450  rpm.  The  frequency  spacing  taken  at  face  value  indicates  a  possible  resonance  between 
5,250  and  5,350  rpm  within  the  loop  in  addition  to  a  second  resonance  between  5.450  and 
5.500  rpm.  A  circle  fitted  through  the  points  at  5.450  and  5.500  rpm  shows  that  a  circle  of 
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lini:  or  action 
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v/here  ■  (1)  =  Vector  response  o'  the  shaft  to  the  trial 

weight  above 

i'  =  Angular  location  of  trial  weight 

v  =  Angular  location  of  resonance  diameter  O'D 

11  from  reference  speed  ^ 


Figure  155.  Vector  Response  to  Trial  Weight  at  the  nth 
Critical  Speed. 
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TEST  112 


REQUIRED  BALANCE  WEIGHT  AT  STATION  5: 


50.0 


Q.275 


0.22 


62.5  GRAMS  AT  -102° 


Figure  156. 


Shaft  Response  at  First  and  Second  Modes. 
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Figure  157.  Typical  Polar  Plot  Characteristics  for  Two  Modes. 
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TESTS  143  &  159 


NOTE: 

25  GRAM  TRIAL  WEIGHT  AT  -100°  AT  STATION  10 


Figure  160.  Response  to  Trial  Weight  at  Fifth  Mode. 


208 


only  slightly  larger  diameter  would  pass  through  the  points  between  5 ,250  and  5,350  rpm. 
Response  to  a  trial  weight  at  station  10  (deflections  measured  at  station  4)  is  shown  in  Figure 
1 60;  here  the  frequency  spacing  indicates  a  resonance  only  in  the  5 ,450-  to  5 ,500-rpm  range  If 
the  modal  circle  is  fitted  through  these  points  and  the  resonance  diameter  0  D  erected 
perpendicular  to  the  line  of  action  of  the  trial  weight,  a  meaningless  result  is  obtained  since  the 
resonance  diameter  does  not  intersect  the  locus  of  the  test  points. 

INFLUENCE  COEFFICIENT  BALANCING  METHOD 


During  the  test  program,  a  series  of  runs  was  made  to  determine  the  effectiveness  of  a  trial 
weight  at  each  available  balancing  station  in  reducing  the  deflections  at  the  monitoring 
location  (station  4).  By  varying  the  angular  position  of  the  trial  weight,  it  was  also  possible  to 
determine  the  most  effective  angle.  While  it  was  still  necessary  to  resort  to  a  trial-and-error 
procedure,  this  information  was  instrumental  in  finally  obtaining  an  acceptable  balance 
configuration.  Since  the  trial  weight  effectiveness  determined  experimentally  was  in  essence  an 
influence  coefficient,  a  procedure  employing  a  formalized  application  of  the  influence 
coefficient  principle  may  be  used  as  a  method  of  balancing.  Such  a  procedure  is  outlined  in 
Reference  8. 

Reference  8  indicates  a  number  of  methods  of  applying  the  influence  coefficient  principle  to  a 
rotating  shaft.  In  general,  an  n-point  balance  can  be  computed  provided  that 

'£  (Measurement  Locations)  X  (Test  Speeds)  *  n 

For  example,  a  six-poini  balance  can  be  computed  either  from  test  measurements  at  two 
locations  and  three  speeds  or  test  measurements  at  a  single  location  and  six  speeds.  Data 
available  from  the  test  program  fall  into  the  latter  category.  The  equations  suitable  to  the 
existing  data  are  presented  in  the  following  paragraph. 


In  computing  an  n-point  balance,  it  is  assumed  that  the  distributed  unbalance  in  the  shaft  can 
be  represented  by  n  discreet  unbalanced  masses  located  at  the  balancing  stations.  At  a  speed  of 
Wj,  the  displacement  of  the  unbalanced  shaft  at  the  monitoring  location  is  given  by 

h 

WAO(wi)  =  2  ,  a  An  (wi}  Un  to  "> 
n=l 


where  WAq  (wj)  is  displacement  of  the  unbalanced  shaft  at  station  (A)  at  a  shaft  speed  of  Wj 

“An  (wi)  is  Jynamic  influence  coefficient  at  station  (A)  for  an  unbalanced  mass  at 
station  (n)  at  a  shaft  speed  of  Uj 

Un  is  the  effective  unbalanced  mass  at  station  (n) 
h  is  the  number  of  balance  stations. 
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The  dynamic  influence  coefficients  are  obtained  experimentally.  Displacement  and  phase  of 
the  unbalanced  shaft  are  measured  at  station  A  for  n  different  shaft  speeds  covering  the 
operating  range.  Measurements  close  to  each  of  the  critical  speeds  are  desirable.  A  trial  weight 
T  is  then  placed  at  one  of  the  selected  balance  stations,  and  the  response  at  station  A  is 
measured  for  the  same  shaft  speeds.  This  procedure  is  repeated  with  the  trial  weight  located  in 
turn  at  each  of  the  remaining  balance  stations.  At  the  shaft  speed  u>| .  the  displacement  of  the 
unbalanced  shaft  W^q  (ccj  )  and  the  displacement  W^|  (  tO| )  with  the  trial  weight  at  balance 
station  1  are  given  by 


WAO(tol)“aAI  (<••■>! )  U,  +  aA:  <w2*  U2  —  +  aAn  Uc,l 1  11  n 
Wa |  (CJ | )  =  a^|  (cc | )  | U |  +  T|  +  U i  —  +  u An  ,U)I  *  ^'n 

Substracting  the  first  equation  from  the  second  yields 


A I 


<CD  .  )  = 


_  |  ( co  | )  VV  An  («i ) 


AO,wl 


and  in  general 

wAn(fa,i)  WAQ<u3i) 
aAn(wn**  T 


The  complex  deflection  matrix  for  n  balancing  locations  and  shaft  speeds  is  as  follows: 
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the  test  data  as  previously  discussed.  Using  a  conventional  complex  matrix  routine  such  as 
Vertol's  program  L)-73.  the  values  of  the  vtlirinc  unbalance  Un  at  each  balance  station  can  be 
obtained.  The  required  balance  is  obtained  by  simply  shifting  the  calculated  unbalance  180 
degrees. 


An  evaluation  of  the  influence  coefficient  method  was  undertaken  using  available  lest  data. 
Influence  coefficients  for  5,300.  (>.250,  7.300  and  8,300  rprn  were  obtained  from  the  data  of 
test  runs  210  through  233  (Figures  I0(>  through  I  lb).  At  1 .300  rpm.  the  influence  coefficient 
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.it  station  I  I  was  determined  from  test  runs  1  15  and  1  l(>  (not  shown),  and  values  for  the 
remaining  balance  stations  were  extrapolated  on  the  basis  of  the  measured  mode  at  I  .300  rpm. 
The  real  and  imaginary  components  of  the  influence  coefficients  thus  obtained  are  tabulated  in 
Table  '  ill  for  possible  future  use. 

Using  the  influence  coefficients  of  Table  VIII  and  test  data  for  the  unbalanced  shaft  at 
corresponding  speeds,  a  calculation  was  performed  to  obtain  a  five-point  balance 
configuration.  For  comparison  purposes,  the  required  additional  balance  weights  for  a  partially 
balanced  configuration  and  the  final  test  balance  configuration  were  also  computed.  For  each 
configuration,  the  total  required  balance  weight  and  phase  at  each  of  the  selected  balance 
stations  are  summarized  in  Table  !X.  Provided  the  system  is  linear  and  there  are  no  errors  in 
either  the  influence  coefficients  or  the  measured  shaft  response,  each  of  the  calculated  balance 
configurations  should  be  the  same,  hxamination  of  Table  IX  indicates  that  such  is  not  the  case. 
In  particular,  Configuration  I  based  on  the  measured  response  of  the  unbalanced  shaft  shows  a 
large  disparity  at  stations  24  and  27  when  compared  with  the  other  calculated  results  and  the 
final  test  balance  configuration.  Configuration  II.  using  measured  response  from  a  partially 
balanced  shaft,  displays  very  good  correlation  with  the  final  test  configuration  and  only 
slightly  less  agreement  with  Configuration  111.  Results  for  Configuration  III.  based  on 
measured  response  with  the  final  test  balance  configuration,  indicate  relatively  small  variations 
when  compared  to  the  test  balance  weights. 

Table  X  presents  a  comparison  between  the  initial  weight  distribution  for  the  calculated 
balance  configurations  and  the  weight  distribution  on  the  shaft  at  the  time  the  influence 
coefficients  were  determined.  Initial  weight  distribution  for  calculated  balance  Configuration 
II  shows  the  greatest  similarity  to  the  weight  distribution  present  when  the  influence 
coefficients  were  determined,  while  Configuration  I  is  least  similar.  Significantly. 
Configuration  II  displays  the  best  correlation  with  the  test  balance  configuration  and 
Configuration  I  the  least  correlation.  In  itself,  this  observation  suggests  a  nonlinearity  in  the 
shaft  behavior  since  the  baseline  response  for  Configuration  I  was  significantly  higher  than  that 
for  Configuration  II.  which  was  already  partially  balanced 

Considering  the  accuracy  of  the  test  measurements,  the  fact  that  shaft  deflections  were 
measured  in  only  one  plane,  and  the  use  of  some  extrapolated  values  for  the  influence 
coefficients  at  1 ,300  rpm,  the  results  obtained  by  the  influence  coefficient  method  are  quite 
encouraging.  Clearly,  more  accurate  lest  data  would  improve  the  results.  Of  the  various 
schemes  examined,  the  influence  coefficient  method  is  the  only  method  which  appears  to 
predict  a  reasonable  balance  weight  distribution  without  resort  to  a  great  deal  of  engineering 
judgment.  Unlike  the  other  methods,  a  detailed  knowledge  of  the  mode  shapes  and  the  exact 
location  of  the  critical  speeds  is  not  necessary;  however,  a  general  knowledge  of  the  mode 
shapes  is  helpful  in  selecting  the  balance  stations. 

As  indicated  previously,  there  are  a  number  of  possible  combinations  of  measurement 
locations  and  speeds  which  will  permit  the  calculation  of  a  balance  weight  distribution  for  a 
given  shaft.  In  each  case,  the  best  combination  is  dependent  on  the  shaft  configuration  and  the 
operating  conditions.  For  the  present  shaft,  a  six-point  balance  is  desirable  since  all  evidence 
indicates  that  there  are  six  criticals  in  the  total  speed  range.  The  following  scheme.  Table  XI. 
which  favors  the  steady  operating  condition,  is  suggested 
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TABU:  XI.  SUCCJI  STl  I)  BALANCT  ARRANGIMINT 

Measurement  Location 

Speed 

Station  5 

1 .300  rpm 

Station  5 

3.000  (Idle  Range) 

Station  5 

5.300 

Stations  5  and  27 

7.000  (Normal  Operation) 

Station  5 

8.300  (Maximum  Operating) 

Balance  at  Stations 

5.  1  1.  15.  21. 27.33 

Balance  stations  are  selected  to  place  one  balance  station  near  each  antinode  of  the  sixth 
mode,  which  is  the  mode  nearest  the  operating  speed.  This  balance  arrangement  should  provide 
a  smoo'h-running  flexible  shaft  throughout  the  entire  speed  range. 

The  problem  of  unbalance  at  the  ends  of  the  shaft  could  be  combined  with  the  balance  of  the 
flexible  system  if  the  measurement  data  are  obtained  at  the  ends,  or  this  problem  could  be 
handled  separately. 


ANALYTICAL  SIMULATION  OF  A  ROTATING  SYSTEM 


The  basic  design  of  a  supercritical-shaft  system  can  be  established  by  conventional  methods 
from  an  analysis  of  a  nonrotating  system.  However,  in  order  to  adequately  predict  the 
performance  and  assess  the  effect  of  such  items  as  shaft  straightness,  bearing  misalignment,  and 
nonisotropic-support -point  stiffness,  an  analysis  of  the  rotating  system  is  required. 

For  the  most  part,  studies  of  the  behavior  of  rotating  shafts  on  flexible  supports  have  been 
restricted  to  simplified  isotropic  systems. A  more  general  analysis  using  numerical 
methods  is  presented  in  Reference  12;  however,  this  method  is  also  restricted  to  isotropic 
systems. 

Consideration  of  nonisotropic  support  conditions  results  in  a  set  of  linear  differential 
equations  with  periodic  coefficients  which  are  most  readily  evaluated  on  a  digital  computer 
using  available  numerical  integration  techniques.  Development  of  an  analysis  for  a  rotating 
shaft  with  nonisotropic  structural  supports  (program  C-58)  is  presented  in  Appendix  I. 


ANALYTICAL  MODEL  AND  CASES  ANALYZED 

An  analytical  model  generally  representative  of  the  present  test  config,  ation  is  shown  in 
Figure  161.  The  nonuniform  axial  distribution  of  the  shaft  mass  was  necessary  to  place  mass 
stations  at  locations  corresnonding  to  the  shaft  balance  stations.  Exact  support  conditions  are 
difficult  to  define  without  an  extensive  analysis  of  the  support  structure.  Calculated  stiffness 
of  the  orbiting-end-load  fitting  indicates  that  the  ends  are  effectively  rigid;  therefore,  an 
isotropic  condition  has  been  assumed  for  convenience.  At  the  intermediate  supports,  a 
nonisotropic  condition  prevails,  and  the  calculated  local  stiffnesses  are  used  in  conjunction 
with  the  weight  of  the  nonrotating  portion  of  the  damper  assembly.  Structural  damping  at  the 
supports  has  been  taken  as  2  percent  of  critical  based  on  the  local  mass  and  stiffness. 

Static  stiffness  matrices  obtained  from  an  existing  program  ( Vertol  program  D-46)  are  used  as 
an  input  to  the  C-58  shaft-analysis  program,  and  it  is  possible  to  analyze  a  system  with 
nonisotropic  shaft  stiffness  as  well  as  axial  variations  in  shaft  stiffness.  These  items  do  not 
appear  to  be  of  any  significance  in  the  case  of  the  present  shaft;  consequently,  an  isotropic 
shaft  with  a  constant  El  has  been  assumed. 

Specific  questions  arose  during  the  test  phase  of  the  program.  The  analytical  configurations 
believed  necessary  to  obtain  insight  into  these  questions  as  well  as  to  evaluate  the  principal 
characteristics  of  the  system  are  as  follows: 

Rigid  Support  Structure  ( Isotropic  System) 

•  A  coplanar  third-order  initial  bend 

•  A  coplanar  third-order  mass  unbalance  with  a  distributed  unbalance  equivalent  to 
the  coplanar  third-order  initial  bend 

•  A  coplanar  second-order  bend  which  produces  an  initial  deflection  at  the  aft  damper 
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SHAFT  PROPERTIES 
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Figure  161.  Analytical  Model  for  Test  Configuration. 
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•  A  noncopla nar  inass  unbalance  which  is  the  reverse  of  the  final  test  balance 
configuration 

Flexible  SupiH>rt  Structure  (\onisotropic  System) 

•  A  noncoplanar  mass  unbalance  which  is  the  reverse  of  the  final  test  balance 
configuration 

Plots  illustrating  the  initial  deflection  and  mass  unbalance  versus  shaft  span  for  the  above 
configurations  arc  presented  in  Figure  1 62. 


RESULTS  OF  ANLYS1S 


Within  the  time  frame  of  the  present  program,  it  was  not  possible  to  complete  all  of  the 
desired  analyses.  Figure  162  shows  that  the  unbalance  for  coplanar  configurations  is  at  either 
+90  or  -90  degrees.  Typical  results  with  rigid  support  structure  obtained  at  1 .350  rpm  are 
shown  in  Figure  163.  The  predominant  response  for  the  coplanar  configurations  is  essentially  a 
second  mode  which  lags  the  unbalance  by  90  degrees.  This  indicates  a  near  resonant  condition. 
Response  in  the  plane  of  the  unbalance  strongly  resembles  the  undamped  first  mode  obtained 
in  the  initial  design  analysis.  The  second  mode  shape  of  the  predominant  response  and  the 
frequency  agree  with  the  previous  analytical  results  which  predicted  a  second  mode  at 
this  speed. 

As  anticipated,  identical  results  were  obtained  for  the  coplanar  third-order  initial  bend  and  the 
equivalent  third-order  mass  unbalance.  Characteristics  of  the  two  types  of  unbalance  with 
balance  weights  installed  were  not  investigated:  however,  the  analysis  in  VIBRATION  AND 
BALANCE  OF  AN  UNBALANCED  FLEXIBLE  ROTOR10  indicates  that  the  initial  bend  can 
be  removed  only  at  the  critical  speed.  Response  to  the  second-order  initial  bend  varies  only 
slightly  from  the  results  obtained  lor  the  third-order  bend,  which  is  not  unexpected  since  the 
second-mode  component  of  the  unbalance  in  both  cases  is  very  nearly  the  same.  Principal 
interest  in  the  second-order  bend  is  the  effect  on  damper  load  at  the  higher  speeds,  which  have 
not  been  analyzed. 

Results  for  the  noncoplanar  mass  unbalance  generally  resemble  those  obtained  lor  the  coplanar 
configurations.  The  increase  in  amplitude  is  due  to  the  increased  magnitude  of  the  unbalance 
as  shown  in  Figure  1 62.  Distortion  of  the  response  in  the  O/IKO-degree  plane  is  due  to  the  fact 
that  strong  components  of  other  modes  are  present  in  the  unbalance  distribution. 

Generally  speaking,  the  results  obtained  display  many  of  the  characteristics  of  the  test  data .  Of 
particular  interest  is  the  mixed  modal  response,  with  a  second  mode  predominant  in  one  plane 
and  a  first  mode  predominant  in  a  plane  90  degrees  away.  This  superposition  of  modes  which 
is  present  even  with  a  coplanar  unbalance  produces  a  static  noncoplanar  deflection  of  the 
shaft. 
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Calculated  Response  -  Rotating  Analysis 


CONCLUSIONS 


The  information  presented  in  this  report  makes  it  possible  to  design  supercritical-speed  shafts 
that  can  efficiently  transfer  propulsive  power  over  long  shaft  lengths.  Three  general  areas  were 
investigated: 

Strength  Properties -The  structural  integrity  of  the  supercritical-speed  shaft  was 
substantiated  analytically  by  conventional  methods.  Loading  conditions  and  allowable 
stresses  are  similar  for  both  subcritical*  and  supercritical-speed  shaft  systems. 

Dynamic  Properties- The  dynamic  properties  for  the  initial  design  of  a  supercritica1 
shaft  were  determined  from  an  analysis  of  the  nonrotating  system  using  established 
methods.  In  the  early  stages,  the  nonrotating  analysis  was  preferred  since  it  permitted  a 
rapid  evaluation  of  the  important  parameters.  Critical  speeds,  required  damping,  and 
isotropic-support -structure  effects  were  determined  by  this  type  of  analysis.  Undamped 
modes  or  forced  shapes  with  damping  obtained  from  a  nonrotating  analysis  were  useful 
guides  in  establishing  spanwise  location  of  balance  weights  Once  the  system 
parameters  were  established  from  the  nonrotating  analysis,  performance  of  the  design 
was  verified  using  a  Boeing-developed  computer  program  (C-58)  fora  rotating  system. 

In  addition  to  the  effects  of  nonisotropic  support  structure,  the  response  for  various 
degrees  of  shaft  straightness  and  bearing  misalignment  was  examined.  Effects  of 
balance  weight  locations  were  evaluated  along  with  the  investigation  of  balancing 
methods.  The  development  of  an  analytical  simulation  of  a  rotating  system  has  been 
demonstrated.  This  analytical  simulation  is  the  basic  tool  that  will  serve  as  an  analytical 
test  stand  for  supercritical-shaft  systems  of  the  future. 

Balance  Requirements- Once  the  system  was  designed  and  built,  the  reactions  through 
the  dampers  and  at  the  ends  of  the  shaft  were  reduced  to  acceptable  levels  by  dynamic 
balancing.  A  number  of  balancing  procedures  were  available.  The  most  promising  was 
the  COMPUTER  PROGRAM  FOR  BALANCING  OF  FLEXIBLE  ROTORS.  The 
experimentally  balanced  shaft  was  compared  with  the  computer  balancing  program, 
and  excellent  correlation  between  the  two  methods  was  evidenced  (see  Table  IX). 

It  is  anticipated  that  between  9  end  22  test  runs  would  be  required  to  balance  a  typical 
test  shaft.  The  computer  program  and  balance  procedure  could  be  refined  so  that  no 
more  than  two  or  three  runs  would  be  necessary  to  balance  a  production  shaft. 

The  end  loads  developed  by  the  flexible  shaft  after  dynamic  balancing  were  less  than  the  end 
loads  developed  by  a  standard  drive  shaft  in  flight.  Tliis  indicates  that  installation  of  the 
supercritical-speed  shaft  in  the  CH-47  would  reduce  vibration. 
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APPENDIX  I.  DEVELOPMENT  OF  AN  ANALYSIS 
FOR  A  ROTATING  SHAFT,  PROGRAM  C-58 

The  purpose  of  this  analysis  is  to  adequately  predict  the  performance  of  a  rotating 
supercritical-speed-shaft  system  and  to  assess  the  effect  items  such  as  shaft  straightness,  bearing 
misalignment,  and  nonisotropic-support -point  stiffness  will  have  on  such  a  system. 

The  shaft  was  idealized  by  using  a  lumped-mass  representation  in  which  the  distributed  shaft 
mass  was  replaced  by  a  finite  number  of  concentrated  masses.  Figure  1 64  shows  the  analytical 
model  which  included  two  intermediate  flexible  supports  as  well  as  flexible  end  supports  with 
damping  at  all  support  locations.  In  order  to  simulate  a  rotating  system,  each  of  the  masses 
must  be  free  to  move  in  two  directions  If  the  moment  of  inertia  is  neglected  and  only  the 
linear  motion  of  the  masses  considered,  the  twenty-mass  representation  (see  Figure  164) 
requires  that  solutions  be  obtained  to  40  simultaneous  second-order  differential  equations;  i.e., 
a  40-degree-of-freedom  problem.  The  effect  of  the  moment  of  inertia  was  investigated  by 
analyzing  this  configuration  as  a  nonrotating  system.  Maximum  error  in  the  natural  frequencies 
of  the  first  seven  modes  was  5  percent  when  the  moment  of  inertia  was  not  considered.  This 
was  felt  to  be  within  acceptable  limits  (a  crucial  point  since  consideration  of  the  shaft  moment 
of  inertia  would  introduce  an  additional  36  degrees  of  freedom). 

A  matrix  approach  employing  the  direct  stiffness  method*  ^’***  is  used  since  it  appeared  to 
require  the  minimum  programming  effort.  In  order  to  facilitate  programming,  the  analysis  is 
restricted  to  that  of  Figure  164.  With  the  exception  of  the  40-degree-of-freedom  limitation, 
the  geometric  limitations  can  easily  be  generalized.  However,  the  40-degree-of-freedom 
representation  approaches  the  limit  of  the  computer  core  storage,  and  a  more  complicated 
system  would  require  more  sophisticated  programming  techniques  such  as  overlaying  and 
external  tape  storage. 

The  local  idealization  of  the  system  elements  at  the  intermediate  support  are  illustrated  in 
Figure  165.  The  central  mass  is  permitted  to  move  in  both  the  X  and  Y  directions  with  the 
motion  restrained  by  the  flexibility  of  the  shaft,  the  spring  of  the  fixed  system  shaft  damper, 
and  the  stiffness  of  the  supports.  Also  shown  is  the  support  mass  which  is  connected  to  ground 
through  a  damper  and  nonisotropic  springs  acting  in  the  fixed  system  X  and  Y  directions.  For 
convenience,  solutions  are  desired  in  the  ?  and  tj  freedoms  of  the  rotating  coordinate  system 
which  rotates  at  the  shaft  speed  12.  Unbalance  masses  which  act  at  a  distance  a  from  the 
central  mass  are  located  in  the  f  rj  plane  by  the  angle  0a j.  Balance  weights  at  each  central 
mass  are  located  i>'  a  similar  manner. 

To  develop  the  system  equations,  the  motions  of  the  elemental  masses  at  the  intermediate 
support  Ic  ations  are  considered  as  shown  in  Figure  1 66.  Displacements  of  these  masses  in  the 
fixed  x-y  coordinate  system  are: 

Xm  -•  fs  cos  fit  Tjssinflt 

Ym  =  ?s  sin  fit  +  t?s  cos  fit 

X,n.  =  fj  cos  fit  rjjSinflt 
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NOTE: 


ni  =  no.  +  ni  (n) 


f'i =  S  -  \ 


(n) 


INITIAL  +  DYNAMIC 


Figure  166.  Mass  Motions  at  Intermediate  Support. 
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Tnij  =  f  j  sin  fit  +  j?j  cos  fit 

Xm  =  ft  cos  fit  ~  r?:  sin  fit  +  a  cos  (0a.  +  fit) 

M,ai  *  1  1 

Ym  =  ft  sin  fit  +  tj:  cos  fit  +  a  sin  (0a.  +  fit) 

mai  1  1  i 

ft  cos  fit  -  f?j  sin  fit  +  a  cos  (0bj  +  fit) 


‘m 


bi 

Ym  =  fj  sin  fit  t  j?j  cosfit  +  a  sin  (0bi  +  fit) 

The  kinetic  energy  and  the  dissipation  functions  of  the  system  are  defined  as  follows: 
T  =  >/2  X®  mj  (X2.  +  Y^.)  +  ma.  (X^.  +  Y^.)  +  mb.  (X^.  +  Y^.) 

+  Vi  [mg  <^nig  +  Ynig*  +  m16  ^m  jb  +  Ym|b^  ^ 


D  =  Vi  C,  (X2  i  +  Y^)  ♦  C18  (X2  lg  +  V2  ig)  +  cXg  x£  g  +  Cyg  yJ, g 
+  CY.  X2  .  +  Cv.  Y2  .  +CR  [  (Xm„  -  Xm  )2  +  (Y_  -  Ym  )2  ] 


x16  m16  *16  m16  °  1  'Am8  ^mg'T,,m8  ‘mg' 

16  “  Ym16> 


+  C,A((Xm  -  Xm  )2  +  (Y_  -  Y_  )2  ] 

16  1  '  miA  mi/;'  ffli£  mu'  J 


*16  m16 

Because  of  the  flexibility  of  the  beam,  the  potential  energy  of  the  system  is  quite  complex  in 
that  it  involves  the  interaction  of  each  mass  point  with  all  the  other  mass  points.  The  general 
form  of  the  expression  is 

18  18 

v  = ,/!  £  f„  %  "i  "i +  Kra  fi  V 

**  Kl  <Xm,  +  Ym,)  *  K,s  (X^  ♦  yJ, (g)  +  KXg  xfg  *  Kyg  Y^ 


*K-1&X-,6^KY|6  Y-.6  +  K8'  ,X».  -  +  <%>  '  V 


+  Kl6l<Xm|6-\nl6>:+(Yn,,6-Ym|6)::l 

where  Km:  and  Kv  are  the  shaft  stiffnesses  at  mass  point  (i)  relative  to  mass  point  (j). 

i  i  j 

In  the  matrix  notation,  the  equation  for  the  forces  response  of  the  system  is  of  the  form 


[M|  q  +  [C]  q  +  (  [K |  +  |K]  )  q  =  F 

static  dynamic 


229 


All  of  the  coefficients  in  the  above  equation  can  be  obtained  by  applying  the  Lagrange 
equation  _£T  6T  +  6D  +  6V  _  Q 

dt  5q  Sq  6q  6q 

Carrying  out  the  operations  indicated  by  the  Lagrange  equation,  the  mass,  stiffness,  damping, 
and  forcing  matrices  for  the  40-degree-of-freedom  shaft  configuration  of  Figure  I  64  are 
obtained.  The  matrices  in  compressed  form  showing  only  the  nonzero  values  are  presented  in 
Figures  167  through  170.  In  the  case  of  the  stiffness,  only  the  dynamic  matrix  is  shown. 
Computation  of  the  static  stiffness  for  the  entire  shaft  is  quite  complex,  and  the  numeric  static 
stiffness  matrix  is  obtained  from  an  existing  program  ( Vertol  program  D-46). 

An  IBM  360-65  computer  program  was  set  up  according  to  the  flow  diagram  of  Figure  171 
With  nonisotropic  supports  there  are  terms  in  the  dynamic  stiffness  matrix  and  the  damping 
matrix  which  are  functions  of  time,  and  the  only  readily  available  method  of  solution  is  by 
numerical  integration. 
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Figur  170.  Forcing  Function  Matrix. 


Figure  171.  Program  Flow  Diagram 


TABLE  XII.  LIST  OF  SYMBOLS  FOR  APPENDIX  I 


mi 

shaft  control  mass 

mai 

unbalance  mass 

mbi 

balance  mass 

ms 

support  mass 

f,n 

rotating  system  coordinates 

X,  Y 

fixed  system  coordinates 

C 

fixed  system  damping  coefficient  of  shaft  damper 

Cx.  Cy 

fixed  system  (supports)  damping  coefficient  in  X  and  Y  directions 

K 

fixed  system  spring  rate  of  shaft  damper 

kx,ky 

fixed  system  (support)  spring  rates  in  X  and  Y  directions 

shaft  stiffness  at  point  (i)  relative  to  point  j  in  f  and  r\  direct' ons. 

^ai 

angular  position  of  unbalance  mass 

*bi 

angular  position  of  balance  mass 

a 

radial  offset  of  unbalance  and  balance  masses 

n 

shaft  speed 
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Specification  Control  Drawing  --  Damper 
Damper  Drawing  Lord  Manufacturing  Company 
Torsion  Fatigue  Test  Specimen 
Shaft  Assembly  Drawing 
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The  ground  and  flight  test  portion  of  the  program  has  been  replaced  by  an  analytical 
description  of  the  phenbmena  of  multiple-mode  bending  identified  during  the  bench 
test  program.  This  analytical  description  includes  variables  anticipated  in  future 
supercritical  shaft  system  designs. 

The  relative  weight,  reliability,  safety,  and  economics  of  supercritical-speed  drive 

systems  can  be  compared  with  more  conventional  drives  since  the  unknowns  have 
been  identified. 
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